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FOREWORD

This report summarizes the research activities performed under USAF Contract
No. 04(611)-8176, from April 1, 1962, to November 30, 1962. The research was per-
formed by Battelle Memorial Institute under the auspices of the Rocket Propulsion

- Laboratories, Air Force Systems Command, Edwards Air Force Base, with
Lt. P. Olekszyk serving as contract monitor. The principal investigators were
J. W. Adam, J. C. Gerdeen, and B. Goobich, Research Engineers; E. C. Rodabaugh,
Senior Research Engineer; W. A. Spraker, Staff Mechanical Engineer; and
T. M. Trainer, Group Director.Ii
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ABSTRACT

The purpose of this program is to develop a family of improved lightweight me-

chanical fittings for service with rockets' fluid systems under stringent environmental
and operating conditions. Phase I was to define and investigate the parameters signifi-
cantly affecting the fitting classes and to initiate preliminary fitting designs. The work
consisted of (1) a review of the design and use of present fittings for missiles, (2) a
review of candidate materials for the required operating conditions, (3) the establish-
ment of recommended classifications for improved fittings, and (4) the development of
preliminary design concepts for the proposed classifications. Three major conclusions
were drawn from Phase I: (1) the reconnectable union should be either threaded or
flanged, (Z) the connection between the tube and the fitting should be a permanent joint
made independent of the seal mechanism or the reconnectable union, and (3) three seal-
ing methods show promise of being developed for the improved fittings.

The following recommendations were made for future work: (1) the brazed or
welded joining method developed by North American Aviation should be adapted for
joining tubing to fittings and components, (2) high-energy-rate tube-to-fitting joining
methods should be investigated as an eventual improvement of the welded or brazedI methods, (3) the best of the three promising seals should be selected and developed,
and (4) the preliminary fitting-to-fitting de signs initiated during Phase I should be de-
tailed and evaluated. Recommendations (3) and (4) are recommended for inclusion in

ii Phase II.
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j DEVELOPMENT OF MECHANICAL FITTINGS

INTRODUCTION

The purposes of this program are (1) to design, develop, and fabricate a family of
lightweight mechanical fittings for service with rockets' fluid systems under stringent
environmental and operational conditions and (2) to provide and prepare specifications
and drawings and test requirements for the fittings in such a manner that military speci-
fications and standards may be published.

The fittings currently in general use in the fluid systems of rocket-propulsion
vehicles were developed primarily for use in the aircraft industry. Because of the
severe missile environments and the use of new and exotic fluids, which have posed
problems of vibration, temperature, and chemical activity never before encountered,
standard aircraft tube fittings in common use by Governmental agencies have been sub-
ject to failure. This program is an attempt to develop new and fresh fitting-design
concepts to optimize weight, misalignment capability, and leakage characteristics con-
sistent with high operational reliability. No one connector design can satisfy the re-
quirements of the complete range of temperatures, pressures, and fluids encountered
in advanced missile systems. Therefore a basic requirement of this program is to
identify and develop families and classes of fittings. It is also required that the designs
to be considered should be new and unique where applicable and not restricted to modi-
fications of present aircraft designs. This goal is to be attained through:

(1) Use of new and unique concepts of mechanical fitting design

(2) New methods of joining tubing and fittings

(3) Optimum combinations of materials

(4) Effective use of manufacturing techniques.

SCOPE AND OBJECTIVES OF PHASE I

Phase I was to consist of an investigation of parameters such that classes and
types of fittings could be chosen and preliminary designs could be initiated. The in-
vestigation was to begin with a literature survey of present technology and a materials

* review for determination of the most suitable materials.

Investigations were to be made of (a) satisfactory methods of joining tubing and
fittings, (b) forces required to tighten and seal, (c) effects of thread form on torque
"relaxation, (d) effect of thread lubricant on sealing, thread galling, and torque relaxa-
"tion, (e) the use of computer techniques to evaluate design criteria, and (f) methods to
alleviate or eliminate the chances of human error in the assembly of fittings.

I
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The preliminary design of proposed connectors was to begin concurrently or on
conclusion of these investigations. A stress analysis was to be made of each type of
fitting. Optimum operational service ranges were to be determined showing crossover
points between threaded and flanged fittings. Maximum strength under operational con-
ditions vs. minimum weight was to serve as a major criterion.

REPORT ORGANIZATION

The preparation of this report on Phase I constituted a considerable problem be-
cause of the large quantity of informaticn that was assembled and created and because
of the interrelation of many of the design areas. The format finally selected is an
arrangement of subjects such that the reader can best understand the proposed concepts
and the reasons for these concepts.

The first part, "Determination of Fitting Classes", outlines the requirements
which determined the selection of candidate fitting materials, details the reasons for
selecting the three recommended materials, and describes how the characteristics of
the three selected fitting materials combined with certain operational and handling re-
quirements define the recommended fitting classes. The fitting classifications affect
many of the subsequent design decisions.

The next three parts discuss in detail the major results of Phase I - that is, the
design thinking on improved mechanical fittings. Early in Phase I it was concluded that
a reconnectable mechanical fitting could be made to seal helium satisfactorily only if
the seal were not a part of the tubing, as is the case with the present flared and flareless
fittings. The reasons for this conclusion are given elsewhere in the report. As a result
of this decision, the fitting design was divided into three elements. While these ele-
ments were not entirely independent of each other, their aspects were sufficiently unique
that during much of Phase I they were considered to be separate design problems. The
three elements, as shown in Figure 1, are:

"* The fitting-to-fitting connection, a reconnectable union in the fitting which
provides the necessary structural integrity

e The tube-to-fitting connection, a permanent transition connection between
the fitting and the piping.

"* The seal, a metallic disposable seal independent of the structural connec-
tions except for the seal seating surface.

The design thinking is presented in this report in terms of these individual ele-
ments for two reasons: (1) they provide excellent means of discussing the many design
aspects of the fitting in a systematic manner and (Z) the conclusions and recommenda-
tions concerning each element are different and more easily formulated when considered
independently.

2
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FIGURE 1. DESIGN ELEMENTS OF A TOTAL FITTING

The fitting-to-fitting design is discussed first of the three because it provides the
opportunity also to discuss many of the design problems which affect two or all three
elements. The tube-to-fitting design is discussed next because many of the loads
described for the fitting-to-fitting connection apply also to the tube-to-fitting problem.
Finally, the seal-design discussion is given. While the section on the seal design is the
most important design section, from the standpoint that the seal is the element furthest
from solution, it is presented last because the sealing problems can best be appreciated
and the recommended seal designs best understood after the other aspects of the fitting
have been discussed.

The final part of the body of the report is the "Summary of Recommendations".
Although many specific conclusions and recommendations are presented in most of the
major sections, the more important ones are summarized at the end of the report for
convenience.

Five appendixes contain important and pertinent information of two types: (1) in-
formation which is back-up material for discussions in the report body, and (2) selected
detailed information pertaining to Phase-I activities.

3 and 4
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DETERMINATION OF FITTING GLASSES

To achieve minimum weight in a missile piping system, each fitting and com-
ponent should be designed on the basis of the exact operating requirements for that
particular component. Even if these requirements were known at every point in the
system, such a procedure would be impractical because of the excessive expenditure
of time and money. Fortunately, if the smaller fittings are designed within certain
ranges of selected parameters, the production and logistics problems are reduced con-

"-, siderably, and the weight penalty is small. The most significant parameters considered
in determining the recommended fitting classes were (1) general service requirements,
(2) materials selection, and (3) assembly torque.

General Service Requirements

The general service requirements applicable to missiles' and rockets' fluid sys-
tems are shown in Table 1. It was agreed between Rocket Propulsion Laboratories and
Battelle that the problems of developing a satisfactory fitting for up to 1500 F were
sufficiently difficult that the upper design temperature at least for Phase I would be
limited to 1500 F.

TABLE 1. GENERAL SERVICE REQUIREMENTS

Pre s sure Range, Temperature Range, Dimensional Range,
Service psi F inches

Propellant 0 to 1500 -425 to 200 1 to 16

Pneumatic 0 to 2000 -425 to 200 1/8 to 1
0 to 10,000 -425 to 600
0 to 4000 -425 to 1500

Hot Gas 0 to 1500 1000 to 3000 1 to 3

As presented in the table, the breakdown by fluids established natural "families"
of fittings. However, within each family further classification was necessary. This
was especially true for propellant and hot-gas systems where operating pressures may
be much less than the maximum values stipulated.

Materials Selection

The selection of the fitting materials was determined largely by the mechanical
J properties of the materials and by the compatibility of the materials with the fluid

media. In a few cases other considerations, such as machinability, governed. Since
it would be impractical to review all of the candidate materials in detail, the char-

j acteristics of the classes of materials that were considered are discussed in general
terms. The selected materials are subsequently described in some detail.
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Materials Considered

General groupings of candidate materials and the major characteristics of the
groups are discussed below.

Low-Density Materials. The low-density materials include the aluminum, mag-
nesium, and titanium alloys. Even though the aluminum and magnesium alloys have a
very low density, the low strengths and their tendency to lose strength drastically as
temperature is increased above about 300 F, make them undesirable. Compatibility
with missile propellants is also a severe limitation.

Titanium, which has good mechanical properties up to about 600 F, is generally
not acceptable for service with oxidizers.

300 Series Stainless Steels. The 300 series stainless steels are easy to machine
and fabricate, and are almost universally compatible with the fluids considered. How-
ever, because of their relatively low yield strength-to-density ratio it is not possible to
design a lightweight fitting which can satisfy the operational limits specified in Table 1.
Strength can be increased to some degree by cold working, but this increase is marginal
when the final strength is compared with that of the age-hardenable stainless steels and
other alloys discussed below. At temperature conditions exceeding 1000 F, the 300
series alloys are too sensitive to creep to be practical for this application.

400 Series Stainless Steels. The 400 series stainless steels have a good combina-
tion of physical properties over the temperature range of interest. They are easily
fabricated, and are available in production quantities. However, the heat treatment
required includes an oil or water quench, or at least a rapid cool, from temperatures
of 1760 to 1850 F. This procedure causes distortions in the fitting that could be detri-
mental to the sealing surface.

High-Strength Tool Steels. The high-strength tool steels of the H-11 type, such as
Potomac M, are difficult to weld and have poor corrosion resistance. Hence, they are
not considered candidate materials.

Maraging Steels. The 18Ni-Co-Mo maraging steels possess extremely high
strengths. However, these steels are still under development. Most work to date has
emphasized ambient applications, and no compatability data are available. Also, be-
cause they are new, their availability is limited. For these reasons, they have not
been considered further.

Nickel- and Cobalt-Base Metals. This category includes materials such as
Haynes 25, Inconal IXII, and Rlen6 41, all of which are considered possible choices.
Of this group, Rena 41 has the best combination of properties over the temperature
range of interest.

Age-Hardenable Stainless Steels. The precipitation-hardenable stainless steels
include 17-7PH, PH 15-7 Mo, AM-350, 17-4PH, AM-355, and A-286. Of these,
17-7PH, PH 15-7 Mo, and AM-350 are not available as bar stock or plate and hence
cannot be considered. 17-4PH, AM-355, and A-286 are available as plate and bar stock.

6
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One important characteristic for design purposes is a low thermal expansion.
Because of the martensitic structure of 17-4PH and AM-355 in the hardened condition,
their coefficient of tiiermal expansion is approximately 60 per cent of the coefficient of
the austenitic types such as A-286, 17-10P, and HNM.

The high strength/density ratio available over the temperature span of interest
and the extensive experience developed by the aircraft and missile industries in the use
of 17-4PH and AM-355 also help to make these alloys good choices.

Refractory Metals. Refractory metals such as tungsten, molybdenum, and tanta-
lum are brittle, heavy, and hard to fabricate. Even so, the refractory metals are the
best metals available for use at 1800 to 3000 F. However, they must be coated for
oxidation and embrittlement protection. Except for applications at extremely high tem-
peratures, they do not appear as promising as the other materials listed above.

Materials Selected

The three materials chosen as being most applicable are Rene 41, AM-355, and
17-4PH. Although there are a few fluids with which these materials are not compatible,
they are considered to have the best combination of properties over the temperature
range considered. They are produced by several companies; availability is not .a prob-
lem. Considerable interest in these materials by the aircraft and missile industries in
the last few years has resulted in much experience and data that can be used for design
purposes.

These materials are harder to weld and fabricate than the 300 series stainless
steels, but several companies are presently developing acceptable welding procedures.

Mechanical Properties

Materials used in mechanical fittings should have (1) a high yield strength-to-
density ratio as a function of temperature, (2) creep resistance at elevated temperatures,
and (3) low notch-sensitivity at cryogenic temperatures. In general, the yield strength,
tensile strength, and elastic modulus of a given alloy decrease as temperature increases.
As the temperature decreases, these properties increase, but the ductility and fracture
toughness tend to decrease.

Yield Strength-to-Density Ratio. When weight is important, the yield strength-to-
density ratio versus temperature curve is a major design criterion. Figure 2 shows
these curves for the materials selected. Also, curves for some of the other materials
considered are included for comparison.

The effect of the strength-to-density ratios on fitting weight can be illustrated by a
simple example in which bending loads are not considered. If it is assumed that a mis-
sile contains 300 fittings having an average weight of 1 pound each when made from
A-286, the total weight per missile would be 300 pounds. As shown in Figure 2, the
yield-strength-to-density ratio at ZOO F for Inconel "X", A-286, Rent 41, and 17-4PH is
3. 2, 4. 1, 4.7, and 5.8 x 105 respectively. Fabricating the 300 fittings from Inconel "X"



would increase the total weight to 383 pounds. When fabricated from Rene 41 and 17-4 PH
the total weight would decrease to 262 and 212 pounds respectively. The total fitting
weight therefore could be reduced by more than 29 per cent if 17-4PH were used instead
of A-286. At high temperatures, above 800 F, the comparison of yield strength-to-
density ratio is also important even though the strength of materials decreases markedly
as temperature increases, because the change is different for each metal.

Creep. Although the creep rate of metals is generally disregarded at temperatures
less than 800 F, it increases rapidly as temperatures exceed 800 F. For most materials
there is some temperature at which the creep resistance or stress-to-rupture strength
becomes less than the tensile yield strength, and hence the creep resistance rather than
the yield strength must be used as the design basis.

Because the factors governing tubing design in a fluid system also are major
factors governing the design of a fitting for that system, the time and temperature
dependency of the fitting weight can be illustrated by considering the time and tempera-
ture dependency of the tubing. The curve in Figure 3, tube weight versus temperature,
is based on a 2-inch length of 2-inch outside-diameter tube of Rene 41 for a pressure of
1500 psi and a life of 1000 hours. The creep strength for Rene 41 becomes the con-
trolling strength factor at about 1100 F, as evidenced by the change in slope. The curve
in Figure 4 represents tube weight versus time for a 2-inch length of 2-inch outside
diameter tubing of Rena 41 for a pressure of 1500 psi and a temperature of 1500 F.
From these curves it is apparent that either a decrease in temperature or a decrease
in service-life requirement would result in a significant weight saving. Thus, it is
important that the expected service temperature and desired life be known to achieve
an optimum design.

Creep and stress-to-rupture data at elevated temperatures are commonly avail-
able for all of the materials listed in the preceding section. The two best materials are
Rene 41 and Inconel IIX". AM-355 and 17-4PH are likely to become embrittled when
kept at temperatures above 700 F and hence should be restricted to 600 F service for
missile fittings.

Notch Sensitivity. At cryogenic temperatures, one of the most important con-
siderations is the material's fracture toughness or its ability to fail in a ductile manner
when notches are present. This property, which can be measured by impact tests or by
center-notch tensile tests, decreases rapidly with decreasing temperatures.

Because of the high stress levels dictated when designing for minimum weight,
and because of the importance of fracture toughness, the effects of intrinsic defects
(flaws, inclusions) and manufacturing defects (surface scratches, designed notches,
welds) must be considered at cryogenic temperatures, even though such imperfections
do not cause problems at "normal" temperatures. An Air Force technical manual(,)*
states that "metals with a minimum impact resistance of 15 ft-lb Charpy keyhole notch,
or 18 ft-lb Isod V-notch are generally suitable for cryogenic service". However, there
are many versions of impact tests; specifications have not been established to govern
the evaluation at cryogenic temperatures, and minimum acceptable values have not been
established for each of the various tests.

References are listed on page 22.
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The notched/unnotched tensile ratio-vs. -temperature curves given in Figure 5

show a sharp decrease in the notched/unnotched ratio below -100 F for AM-355 as com-

pared to an almost constant value for Rene 41. The tendency for the notched-unnotched
tensile ratio to drop rapidly as temperatures are decreased is typical for martensitic
materials. It appears on the basis of available data that this is true of 17-4PH as well.

On the basis of this curve, and because there is a lack of definitive data specifying

minimum acceptable values, the lower service temperature for AM-355 and for the

comparable material 17-4PH has been set at -100 F.

Fluid Compatibility

The fluids considered in this program and their useful temperature ranges are

shown in Figure 6. As shown by Figure 6, the fluids could be divided into two groups on

the basis of minimum service temperature. It was noted that the lower temperature ex-

treme for Group A was approximately equal to the lower design-temperature (-100 F)
limit for AM-355 and 17-4PH.

A summary of the compatibility data found for the compatibility of AM-355,
17-4PH, and Rene 41 with the fluids is given in Table 2. Compatibility data for these

three materials with propellants are generally scarce and are nonexistent for some

combinations. Also, many of the available data are contradictory. Therefore, esti-
mates of the compatibility with some fluids have been extrapolated on the basis of data

for other materials with similar chemical compositions. The following conclusions can

be made on the basis of the data in Table 2:

(1) AM-355 is acceptable for general service with the majority of fluids.

(2) 17-4PH is acceptable for general service with the majority of fluids.

It is unsatisfactory for use with hydrazine and NMH at all temperatures.

(3) Rene 41 is acceptable for general service with the exception that no

data were found for hydrazine, 50 UDMH/50 hydrazine mixtures, and
MMH. It is unsatisfactory for use with hydrogen peroxide.

Other data collected during the program indicate that the 18-8 type stainless steels

are possible materials of construction for use with UDMH, UDMH/hydrazine mixtures,
MMH, and hydrogen peroxide, as are many of the aluminum alloys.

Conclusions

Three materials were selected for minimum-weight fittings. Rene 41 can be used

for the entire temperature range, -423 to +1500 F, whereas AM-355 and 17-4PH are

restricted to the limits of -100 and 600 F. Within the narrower range, use of AM-355

or 17-4PH would result in a lighter fitting than would use of Rene 41. Also, both AM-355

and 17-4PH are more readily available and cost less than Rene 41. Although Type 347

stainless steel is widely used in this limited temperature range, a comparison of the

yield strength-to-density ratio of Type 347 with that of AM-355 or 17-4PH (Figure 2)

shows that a weight penalty might result if it were used. It is recognized that Type 347

is more readily available, is more easily machined, and has excellent compatibility.

However minimum weight is considered to be a more critical selection criterion when

designing for missile applications. Therefore, when considering the choice of materials

three temperature service ranges are identifiable and three materials appear to be the

best choice for these temperature ranges:

13
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(1) -100 to 600 F: Recommended materials: AM-355 and 17-4PH

(2) -425 to 600 F: Recommended material: Rene 41

(3) -425 to 1500 F: Recommended material: Rem' 41

Above 1500 F it will probably be necessary to use a refractory material, although
Rene 41 can be used for short-life fittings up to 1800 F.

Assembly Torque

A torque of 2000 in-lb has been chosen as a reasonable limit for individual threaded
assemblies whether they are threaded connectors or nut-and-bolt assemblies. Torque is
determined by the amount of preload needed to assure the sealing and structural integrity
of the fitting during the expected service life. Preliminary analysis summarized in a
later discussion, indicates that all propellant and hot-gas fittings should be flanged con-
nections. Threaded connections can be used up to 1-in. size for pneumatic service up
to 2000 psi and 600 F. For service at 10,000 psi - 600 F, or 4000 psi - 1500 F, the
apparent limit for threaded connections is the 3/4-in. size.

Recommended Fitting Classes

Based on the above considerations, five fitting classes are recommended, as
shown in Table 3.

TABLE 3. RECOMMENDED FITTING CLASSES

Temperature. Maximum Design Type of
Class F Pressure. psi Size, in. Service Connection Material

la -100 to 600 2000 1/8 to I Pneumatic Threaded AM -355 or
b(b) -100 to 200 1500 1 to 16 Propellants A(a) Flanged 17-4PH

Ha -425 to 600 2000 1/8 to 1 Pneumatic Threaded Rene 41
b(b) -428 to 200 1800 1 to 16 Propellants A Flanged Rene 41

and B

lila -425 to 600 10,000 1/8 to 3/4 Pneumatic Threaded Rene 41
b -425 to 600 10,000 3/4 to 1 Pneumatic Flanged Rena 41

IVa(c) -425 to 1500 4000 1/8 to 3/4 Pneumatic Threaded Rene 41
b -428 to 1500 4000 3/4 to 1 Pneumatic Flanged Rena 41

V 1000 to 3000 1800 1 to 3 Hot gas Flanged Refractory

(a) The propellants are distinguished by two groups, as given in Figure 6.
(b) For large sizes where true maximum operating pressure is less than 1500 psi, a design on the basis of actual service pressure

would result in a significant weight savings. Designs presented in this report are rated at maximum pressures.
S(c) Fittings operating at higher temperatures (above 800 F) must be further qualified according to service life.
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Class I is distinguished from Class II by the lower temperature limit, which
allows for use of AM-355 or 17-4PH alloys. The high-pressure and high-temperature
fittings are separated into Classes Ill and IV, on the basis of maximum service tempera-
ture. The Class IV fittings must be designed for a specified service life because of
creep. Weight comparisons based on equivalent tube lengths (Figure 7) show that a

1/2-in. Class IV fitting may be 46.5 per cent heavier than a 1/2-in. Class lil fitting.

A 1-in. Class lia fitting may be 4. 7 per cent heavier than a 1-in. Class la fitting. How-
ever, the total weight increase per fitting may amount to less than 0. 0 1 pound. There-
fore, a class simplification is possible if these additional weights are not considered to

be a severe penalty.

Classes iI and IV are subdivided because of the 2000 in-lb torque limitation. It
does not appear possible to overcome this limiting factor since the torque requirement
for the 3/4 to 1-in. range is beyond a reasonable expectation of a man's capability with
reasonable wrench lengths.

Although Classes Ib and lib are designated, it is not recommended that discrete
classes be established for large fittings. Instead a rigorous design procedure based on
specific types of flanges should be developed as the controlling design specification.
The flanges to be considered as the basis for this design procedure should be of the
types illustrated in Figure 8. It may appear that this will complicate the logistics prob-
lem, but it should be noted that only a few large pipe fittings are used on each missile

and that they vary significantly with missile type. Once a fitting is designed for a par-

ticular missile system, that fitting will probably be assigned a specific part number and
can be ordered and stocked in appropriate quantities by that part number.

a Weld-Neck Flange b. Ring Flange A-.4434

FIGURE 8. TYPES OF FLANGES CONSIDERED FOR RECOMMENDED
FLANGE DESIGN PROCEDURE
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I.

FITTING- TO-FITTING CONNECTIONi.
During the course of Phase I, many methods of assembling a mechanical con-

nection in a pressurized piping system were studied. Evaluation of these concepts,
however, made it apparent that none could compete in simplicity, ruggedness, and
reliability with the conventional attachments consisting of either threaded nuts mated
with threaded stub ends, in small sizes, or bolted-flanged connections in larger sizes.
A comparatively large amount of experience with such structures is available, as are
the results of substantial analytical and experimental research on threads, bolts, nuts,
and flanges. These data are extremely helpful in establishing reliable designs in a re-
latively short time. In addition, designs based on these configurations can benefit from
improvements which may be made in the future on such critical, basic mechanical
elements.

While the fitting-to-fitting connection designs are conventional in the sense that
threaded or bolted-flanged connections are basic configurations, the proposed designs
contain a number of unique features in which light weight, ruggedness, and reliability
are achieved by use of high-strength materials and suitable design procedures. To aid
in the establishment of fitting classes, preliminary designs of five representative fittings
have been prepared. Three of these correspond to the recommended classes (see
Table 4), whereas the other two are pre-ented for illustrative purposes only. These
five designs are:

(1) 1-in. threaded fitting, maximum pressure 2000 psi, temperature
range -100 to 600 F (Class Ia)

(2) 1/8-in. threaded fitting, maximum pressure 10,000 psi, temperature
range -425 to 600 F (Class lia)

(3) 1-in. flanged fitting, maximum pressure 2000 psi, temperature
range -100 to 600 F (for comparison with Class Ia)

(4) 1-in. flanged fitting, maximum pressure 10, 000 psi, temperature
range -100 to 600 F and 4,000 psi at 1500 F

(5) 3-in. flanged fitting, maximum pressure 1500 psi, temperature
range -100 to 200 F (Class Ib).

In the following discussion the significant design ?arameters involved in designing
a mechanical connection are first presented in general terms. Graphs and equations
are given to indicate the approximate magnitude and significance of the effect of each
parameter on the final design. Subsequently, the basic features of each selected design
are described. Load and temperature factors, previously discussed in general terms,
are applied to the specific fitting designs to illustrate the design procedure. The dis-
cussion is presented in four sections:

* Design Parameters

- Designs Considered

L 0 Design Procedure for Threaded Fittings

0 Design Procedure for Bolted Fittings

0 Application of Computer to Optimization of Design
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Design Parameters

The general discussion of design parameters presented below enumerates and
explains the effects on the structural components of the fitting-to-fitting connection of
such factors as structural loads, seal seating loads, preload, temperature, and fatigue.
Also, the interactions between the seal, the tube-to-fitting joint, and the fitting-to-
fitting structure are briefly discussed.

Structural Loads

The structure of a mechanical connection must be designed to withstand several
types of load, which may be imposed individually or in combinations. These loads are
shown in Figure 9.

Bending, FE Torsion, MT
Se Fting ,,F s M

ii

A-43896

FIGURE 9. TYPICAL LOADS IMPOSED ON FITTINGS

Hoop Stresses From Internal Pressure. In the design of a tube for internal
pressure, the hoop stresses are largest and control the design. In design of a fitting,
however, the structure necessary to transfer axial loads requires an increase in wall
thickness, so hoop stress from internal pressure becomes a secondary consideration.

Pressure End Load. The pressure end load acting on the structure is equal to

FE = •G 2 P, (1)

where

FE = pressure end load, lb

G = effective seal diameter, in.

P = internal pressure, psi

Figure 10 shows values of the end load, FE, for the maximum internal pressures
pf Fitting Classes I through V based on the approximation that G is equal to 1. 1 the
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tubing diameter. For the larger sizes, this load becomes very high: 360,000 lb for a

16-in. fitting withstanding 1500-psi internal fluid pressure.

In some systems, the pressure end load may be absorbed primarily by anchors

or clamps rather than transmitted through the fitting. In such systems, it may be

possible to use lighter fittings. However, for general use fittings must be designed to

withstand the total pressure end-load.

Bending Moments. A bending moment, M, producing bending loads, FB, may be

present because of tubing misalignment, thermal expansion or contraction of the tubing

system, vibrations, displacements of anchors, or acceleration forces. Bending mo-

ments imposed on a fitting in a tubing system cannot be determined in advance, since

these moments depend upon the specific tubing system, its operating conditions and the

location of the fitting in the system. However, some limits, even if arbitrary, must be

established to make design possible. For the fitting designs presented in this report the

design limits are based on (1) the strength of the tube in the system and (2) the strength

of equipment (compressors, pumps, pressure vessels, etc.) to which the tubing system

is attached.

The maximum bending moment that can be applied to a fitting through the attached
tubing is given by the equation

M = SZ, (2)

where

S = limiting stress of tube material, psi

Z = section modulus of tube cross section, in. 3

Since both S and Z in Equation (2) depend on the material used for the tubing and its
wall thickness, the bending moment, M, can be established only after the tube is se-
lected. In the following, a procedure for establishing the design moment is shown for
an assumed tube material and related wall thickness. Analogous bending moments for
other tubing can readily be established by the same procedure.

It is assumed for illustrations of the procedure that the tube will be made of
AM-350 stainless steel. This material is being used to some extent in missiles and,
because of its high yield strength, a lightweight tube would be possible. The pertinent
properties of AM-350 are:

Yield Strength at 70 F(14)*, psi 150,000

Fatigue Strength at 70 F( 1 ;), psi

105 cycles 95,000
106 cycles 85,000
107 cycles 84,000

On the basis of the yield strength, S in Equation (2) could be as high as 150, 000 psi.
However, considering the requirement that the fitting, and therefore the tubing must be
designed to withstand 200,000 cycles of reversed bending,** it is apparent that the fatigue
strength rather than the yield strength will control.
ONumbers in parenthesis denote references listed on page 77.
"Paragraph III 2 g (page 5) Exhibit A "Technical Requirements, Development of Mechanical Fittings". Contract AF

No. 04(611)-8176. March 13, 1962.
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The fatigue strength of AM-350 for 200,000 cycles is about 90,000 psi. This, of
course, is based on a smooth-specimen fatigue tests. In tubing systems there will be
points of stress intensification at clamps and at curved tube sections. The stress-
intensification factors may be of the order of two or larger. Accordingly, a fatigue

stress limit of 50,000 psi has been used in computing the bending moment limit from
Equation (2).

To compute the design bending moment by Equation (2), it is also necessary to
determine the tube wall thickness, since the section modulus of the tube depends upon
its thickness. Tube thickness can be computed with the following equation (based on
hoop stresses):

t D PD >.005, (3)

2Sh 200,000

where

t = tube-wall thickness, in.

P = internal pressure, psi

D = tube diameter, in.

Sh = design stress, taken as two-thirds of the yield
strength of AM-350 at 70 F

The thickness computed from Equation (3) can be very small, e. g., . 001 in. for
1/8-in. tubing at 1500 psi. It is improbable that such very thin-walled tubing will be
used. Accordingly, a minimum thickness of 0. 005 in. has been used as the lower limit
for tube thickness, t, in cases when Equation (3) gives values smaller than this limit.

For thin-walled tubing, the section modulus can be closely approximated by

z 702t (4)
4

By substituting the value S = 50, 000 and the expressions t PD and Z = 72Dt in

Equation (2), the bending moment can be determined as

M = 0. 197 PD 3

t >. 005 (5)

When t = 0. 005, the bending moment is

M = 197D 2 . (6)

In smaller fittings for lower pressures the design will be controlled by the seal-
seating load (discussed in the next section); hence, there will be a substantially larger
bending-moment allowance than indicated directly by Equations (5) and (6). The approxi-
mate bending-moment allowance for small fittings is shown on Figure 11, along with
bending-moment requirements implied by MIL-F- 18280A, Par. 4.3.3.3.3 for
comparison.
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While Equations (5) and (6) provide a reasonable design basis for small fittings,
the bending moments calculated may be unnecessarily high for large fittings. The limi-
tations on bending moments which can be applied to equipment to which the tubing is
attached are not known; however, some indication of the limits may be obtained from
the bending moments permitted on the piping connections to steam turbines( 1 7 ), as
shown on Figure 12. It is apparent that, even for equipment as heavily constructed as
power-plant steam turbines, the bending-moment allowance is substantially less than
that given by Equation (5).

Another general indication of typical bending moments on flanged joints given by
Rossheim and Markl( 1 8 ) is

M = 60 (D + 3)3 in-lb. (7)

Equation (7) was originally developed as part of a review of a large number of stress
calculations on piping systems. It may be considered as a typical bending moment that
may occur in piping systems in power plants, chemical process plants, and oil re-
fineries. Equation (7) is also plotted on Figure 12.

Design bending moments obtained from the larger of the moments from Equa-
tions (5) and (6), but not exceeding the moment obtained from Equation (7), are shown
on Figure 13. These are the moments proposed for use in designing the fitting-to-
fitting structure.

External Axial and Torsional Loads. External axial and torsional loads arise
from the same causes as do bending loads. External axial loads are usually minor and
can be discounted. Torsional loads are basically limited to three-dimensional tubing
systems and may be a problem if sufficiently large to cause rotation of one part of the
joint with respect to the other. Rotation could cause leakage, in either threaded or
bolted fittings, because the seal is disturbed. It could also cause back-off and preload
relaxation in a threaded joint. A torsional resistance of the fitting equal to that which
can be safely imposed on the fitting by the attached tube is suggested as a design basis.

Seal-Seating Load

Quite independent of the structural load, the fitting structure must also be de-
signed to withstand those loads required to produce intimate mating between the fitting' s
seal-contact faces and the seal. The factors involved are discussed on pages 97 through
99. For the purpose of fitting-to-fitting design, it has been assumed that an initial
seating load of 1000 lb per linear in. of gasket length is required. The seal-seating
load, FG, is given by the equation

FG = 1000 7C (lb), (8)

where G = effective seal diameter. For preliminary evaluation, G may be taken as
1. 1 D, where D is the tube size, giving

FG = 3460 D (lb). (9)
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FIGURE 12. BENDING-MOMENT -LIMITED COMPARISON FOR LARGE FITTINGS,
DESIGN PRESSURE AT 1500 PSI
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Design Loads

The structural load applied by internal pressure is an axially symmetric load with
respect to the fitting structure, since the fitting structure, in the design concepts pro-
posed, is itself symmetric about the longitudinal axis of the tube. Although an analysis
of axially symmetric structures similar to the configurations used in the fittings is
quite complex, theoretical methods are available which make possible a fairly precise
engineering design of axially symmetric loads such as that produced by internal pressure.

The structural load applied by bending, however, is not symmetrical. In the
following, a pressure, PB, equivalent to the bending moment, will be derived. The
equivalent pressure, PB, can then be handled in the same way as the actual pressvre,
P, i. e., by using theoretical methods for axially symmetric loads.

When a bending load is imposed on the fitting through the piping, a maximum
tensile stress will exist at one point on the circumference. A diametrically opposed
maximum compressive stress will arise simultaneously. However compressive failure
is not likely to occur since the cumulative sum of the tensile stresses due to bending and
the pressure end load is greater. In any case, the minimum strength of the fitting is
equal to or greater than the maximum strength of the tubing under conditions where

compressive failure might occur. The maximum tensile stress will be given by the
equation

B .M (10)

where

SB = maximum bending stress in tube, psi

M = design bending load, in-lb (From Figure 12)

Z = section modulus of tube, in3 .

While this tensile stress exists at only one point on the circumference, it can be
conservatively assumed that the fitting may be designed as if SB, the maximum bending
stress, existed uniformly all around the tube circumference. With this assumption, it
is possible to express the bending load as an equivalent internal pressure, PB, which is
given by the equation

4 SBt
PB= ()

where

1B = equivalent internal pressure, psi, from design moment, M.

SB = maximum bending stress in tube, psi

t = tube-wall thickness, in.

D = outside diameter of tube, in.

If it is assumed that a tubing material such as AM-350 precipitation-hardening

stainless steel with a design stress of Sh = 100,000 psi is used, the required tube-wall
thickness can be determined by Equation (3). The equivalent axial load, FB, in terms
of PB is

F- P I G 2 " (12)
FB~ B4

Figure 14 shows FB as a function of size and pressure.
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The total structural load the fitting must carry is at least equal to the sum of the
pressure end load and the pressure equivalent of the bending loads. However, the total

structural load may not be the controlling design load since the load required to seat the
gasket may be greater. The load required to seat the gasket given by Equation (9) and
the total structural load are plotted in Figure 15. Figure 15 shows approximately the
crossover point where either seating load or structural loads control the design. As
an example, for a 3/8-in. fitting (D = 0. 375), the seating and structural loads for
different internal pressures are given in Table 4. The design load for each pressure is

TABLE 4. DESIGN LOADS FOR 3/8-IN. FITTING

(-425 to 600 F Operating Temperature)

Design Seating Structural
Pressure, Load, Load,

psi lb lb

1,500 1,300 600
2,000 1,300 750
4,000 1,300 1,000

10,000 1,300 2,100

underlined. For the 3/8-in. fitting the seating load is greater for design pressures of
1500, 2000, or 4000 psi, and only for a design pressure of 10,000 psi is the structural
load the controlling factor.

Preload

Mechanical connections in a piping system are usually tightened so that an axial
preload force in excess of the design structural load is created. In flanged connections,
determination and control of the preload is accomplished more easily than in threaded
connection. In threaded fittings the need for attaining a desired or required preload is
often neglected although the principles involved apply as well to threaded connections as
to flanged connections.

In service the action of the imposed axial loads is to "pull" the mating parts of the
fitting apart. Any degree of separation generally will lead to early failure. Therefore
in order to counteract this action it is necessary to prestress the flange members of the
fitting in compression an amount greater than the expected strain relaxation caused by
the tensile axial loads. Of course, preloading causes an initial tensile stress in the
bolts or threaded nuts. This tensile stress may increase when the service loads are
applied, and a balance must be achieved between a preload which is sufficient to prevent
flange separation and a preload so large as to cause eventual tensile stress failure of the
bolt or threaded nut. The factors that must be considered in determining the required
preload are: (1) the spring constants of the compression and tension members, (2) the
minimum compressive load on the flange members needed to prevent leakage, (3) the
maximum allowable stress in the tensile members, (4) the magnitude of the structural
loads, and (5) the effects of the thermal gradients.

The problem of a preloaded joint is statically indeterminate; hence, it must be
solved on the basis of displacements of the structure. Calculations of displacements
become quite complex where stretching and bending of structural parts, changes ia
moment arms, and radial effects of internal pressure are involved. A basic
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understanding of the problem, however, can be obtained by disregarding the effects of

moment-arm changes and the radial components of internal pressure. The following
discussion is therefore limited to a simple case analogous to that shown in Figure 16,
where only tensile and compressive displacements are considered.

In threaded fittings, the nut is the tension member, analogous to the bolt in Fig-

ure 16. The stub ends and seal are the compression members analogous to the rings
and seal of Figure 16. In flanged fittings, the bolts are analogous to the bolt and the
flanges and seal are analogous to the rings and seal of Figure 16.

ts Ls=

2 G

Ring FealFF

A-43903

FIGURE 16. MODEL OF SIMPLIFIED PRELOAD THEORY

When the nut on the bolt is tightened, there will be an increase in bolt length and

a decrease in the length of the rings and seal, given by

FLBFLR FLG
6B = _ , 6R = --LR , 5G = - ,

EBAB ERAR EGAG

where subscripts B, R, and G refer to the bolt, rings, and seal, respectively, and

F, initial bolt axial force, lb E = modulus of elasticity, psi

L = free axial length, in. A = cross-sectional area, in. 2

When a load Fs is applied (as from the attached tube in the actual fitting), the force

in the bolt in Figure 16 changes to FZ and

FZLB , LR 6LG
RB EBAB R2 = W2 - Fs) ERAR= EGR--

The change in length of the bolt must remain equal to the combined changes in

lengths of the rings and gasket:

6B? - 6B = (6 R + 6G) - (6Rz + 6G2) (13)

or

(F 2 - FI) -B =(Fl - F2 + Fs) • LR + EGAG (14)
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____ __L_ LGD n LB RB and yR + y - RG as the spring constants (in. Ilb), and

EBA B RA_ R G AG

collecting terms in Equation (14),

F2(RB + RG) = Fl (RB + RG) + FsRG, (15)

or
Fs

Fl = FZ- (16)RB
1+--

RG
If F., the maximum allowable load, and RB and RG, the spring constants, can be deter-
mined or closely approximated, the analytical determination of Fl the preload is re-
latively simple by means of Equation (16). However, this simple case, if changed into
a graphical representation, can be handled more easily when thermal effects are sub-
sequently introduced. In a later discussion of the proposed fitting-to-fitting connections,
the graphical presentation has been used extensively.

Fgt F ._ _
I s

Fi-

*RSF I 4 F

0- A_+--.-
Axial Displacement, 8 A-43904

FIGURE 17. GRAPHICAL ILLUSTRATION OF SIMPLIFIED PRELOAD THEORY

The graphical representation of the basic relationships is shown in Figuri 17. A
line is drawn from the origin with a slope 4 = R A second line, with slope 2F0-u RG,

is drawn to intersect the first line at F = Fl. The force applied, Fs, is drawn between
the two intersecting lines as shown in the figure. As can be seen in the construction,

X_ X X(RB + RG)
F2 a Fl + Y. Since =RB and PG and Y + Z = = Fs:

Sz RBRG
FsRBRGX

.X = F G, and with Y = X
RB + RG RB

37



Fz =FI + Y =FI+ RGFs =F1 + Fs
RB +RG 1+RBRB

Accordingly, the construction shown by Figure 17 is a graphical presentation of
Equation (16).

The load existing at the gasket, Fi, can be obtained from static equilibrium:

Fi = F2 - Fs . (17)

From a fitting-design standpoint, it is necessary that the average stress on the
seal contact area be at least equal to the internal pressure to prevent leakage. * This
stress is simply the load at the seal, Fi, divided by the seal contact area. Equa-
tions (16) and (17) give means of calculating the required preload, Fl, in order to
maintain a required residual seal load, Fi, after application of the structural load, Fs.
Equations (16) and (17) may be combined to give

RB

F 1 = Fi + R Fs (18)
1+RB1+-

RG

In the preceding discussion, the seal has been considered as not pressure energized.
When considering a typical metal pressure-energized seal, reduction of Fi to a low
value has a different but equally significant implication in the fitting design. A charac-
teristic of many metal pressure-energized seals is that in order for the seal to be
flexible enough to give any appreciable seal follow-up from internal pressure, its
flexibility is such that it will withstand only a negligible amount of preload; almost all
of the preload is supported by the fitting faces adjacent to the seal, or, in some designs,
by a rigid part of the seal itself. With this type of seal, reduction of Fi to zero implies
a separation of the fitting interface. In this case, leakage may not result under static
conditions because of pressure-generated seal follow-up; however, vibration of the tube
system may produce sufficient movement to cause flexing of the metal seal, thus possibly
leading to leakage by abrasion of the sealing surfaces, or fatigue failure of the metal
seal. Accordingly, even with a pressure-energized seal, the lower limit on Fi is an
important design consideration.

In actual fitting design, other factors which influence the preload requirements
are:

(1) Rotation of flanges

(2) Moment-arm changes as the load is transferred from the seal to the tube

(3) Radial effect of internal pressure.

OThis is a theoretical lower limit on residual seal-contact-area streu and presumes a "perfect match" between sealing surfaces.
This "perfect match" between sealing surfaces is, in practice, never really achieved but may be approached by adequate seal-
seating load. In designs discussed later herein, a lower limit of 3 times the internal pressure has been used as a minimum
residual seal-contact-area stress.
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An equation for calculating F 2 , including these factors, is
F 2 = F1 + aP, (19)

where

P = internal pressure, psi
- [F -ZqF(hT - hG) 2 - ZqFB 2(hD - hT) qr

Equation (19) and the definition of a. are taken from Wesatrom and Bergh( 1 9 ) and

Rodabaugh( 2 0 ). Symbols used are defined in Appendix I. The definition of a is directly
applicable to a flanged fitting in which the flanges are identical. It may readily be
adapted to a flanged fitting in which the two flanges are not identical. It may also be
adapted to design of threaded fittings.

Equation (19), of course, reduces to Equation (16) when only tensile and com-

pressive deformations are considered. Equation (17) can be used with Equation (19) to
determine the relationship between F 1 , F., and Fi.

Temperature Effects

In the preceding sections only design loads essentially at ambient temperature
were discussed. When the effects of temperature change are considered, the design

problem becomes more complex.

Creep or Relaxation. At high temperatures, the strain in a metal part under

stress cannot be considered as independent of time. In a mechanical connection, where
creep produces a reduction in preload and in turn a reduction in stress, the problem
becomes one of relaxation with variable stress.

An accurate theoretical method for calculating the performance of a threaded or

flanged fitting under creep or relaxation conditions has not been developed insofar as
the authors are aware. The problem is very complex because of the variable stress
field in the structure, nonlinear relationships that are a result of elastic-plastic de-

formations, and the introduction of time as an additional parameter.

In view of the necessity for design under creep or relaxation conditions, an

approximate theoretical design procedure has been established, as shown and discussed
in Appendix II. This design method has the virtue of relative simplicity and is believed
to be conservative.

Thermal Gradients. If a cold fluid, like liquid oxygen, is suddenly introduced into

a piping system, the temperatures of metal parts in direct contact with the fluid will
decrease rapidly. The temperatures of those parts not in direct contact, such as the

nut of a threaded fitting or the bolts of a bolted fitting, change less rapidly because of

the air-film resistance between parts. Accordingly, there is a period during which
the average temperature of the interior parts of the fitting is lower than the average
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temperature of the exterior parts. During this time effective preload decreases because
of the relative thermal expansion of the fitting nut or bolts.

When a hot fluid is introduced into a piping system the internal parts may become
hotter than the external parts. This increases the preload, since a relative thermal
contraction of the nut or bolts occurs. However, there is also the possibility of yielding
of some member of the fitting, and if temperature equality were later re-established,
the preload might be partially or completely removed, with consequent leakage.

The temperature difference is a function of the fluid properties and flow velocity,
as well as the properties of the fitting and its material; hence, a numerical value for
this temperature difference can be calculated only for each specific case. To facilitate
fitting design, the following limits have been set for the permissible temperature
gradients:

Maximum Design
Service Temperature, Temperature Difference*

F F

-100 to 600 50
-425 to 1500 200

A relatively thin-wall tube will change in temperature more rapidly than will the
more massive fitting parts. Therefore, the tube will exert either a radially inward or
outward force on the flanges or stub ends, depending on whether cooling or heating is
occurring. In either case a consequent tendency for parts to rotate relative to each other
will be a design factor. Although this factor has not been evaluated in the preliminary
design, it should be considered when final designs are established.

A nonsymrnetrical temperature condition exists when some types of hot or cold
fluids are introduced into a horizontal pipeline. The colder liquid tends to flow along
the bottom half of the tube while the relatively warm vapor is near the top. This
heterogeneous flow pattern causes "bowing" of the pipeline, with resulting high bending
moments transmitted to the mechanical fitting. This condition is specific to a given
piping system and when it is present its effect should be considered by the designer as a
beinding moment which should be held within the bending-moment limits established
pr eviously.

Modulus of Elasticity. When the temperature of a fitting changes, there is a
corresponding change in the modulus of elasticity and in the effective preload, Fl, to a
new value, (FO)T. For AM-355 and Rene' 41 in the temperature range under consider-
ation, this effect is shown in Table 5.

With decreasing temperatures, the structure must retain a sufficient strength
margin to prevent overstress by the consequent load increase. For the two materials
considered, the yield strength increases more rapidly than does the modulus of elastic-
ity and, therefore, the change in preload is not a design problem. However, for in-
creasing temperatures, the structure must be endowed with extra preload to maintain
an adequate residual load at temperature. As an example, for AM-355 for service at
600 F, this requires about I 1 per cent extra preload.
*If in actual service the design limits are exceeded, use of a thermal shield is suggested. This could be simply a cylindrical
sleeve at the bore of the fitting which provides a stagnant space between it and the fitting bore to retard heat transfer from the
fluid to the fitting.
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TABLE 5. CHANGE IN EFFECTIVE PRELOAD AS
FUNCTION OF TEMPERATURE

(F1)T/F1 at Indicated Temperature

__ -4Z5 F -100 F 70 F 600 F 1500 F

AM-355 (a) 1.00 1.00 0.90 (a)
Rene 41 1.10 1.03 1.00 0.92 0.75

(a) Not used at these temperatures.

Threaded Versus Bolted Fittings

Considering pipe and tubing systems in general, threaded fittings are generally
used in small sizes (1/8 to 1/2 in. ). There is an overlapping size range of about 1/2 to
4 in. in which selection of threaded or bolted fittings depends upon the detailed service
requirements of pressure, temperature, reliability, and installation conditions. For
sizes larger than 4 in., bolted fittings are generally used.

Perhaps the most significant factor involved in the choice between threaded or
bolted fittings is the torque required for preloading. In contrast to threaded fittings,
in which the preload is applied by tightening a single threaded element, the preload is
applied to bolted fittings by means of several comparatively small threaded elements,
so while the preload is approximately the same, the required assembly torque is much

lower for bolted fittings of comparable size and rating. The torque required to preload
threaded fittings may be approximated by the equation

T = 0.2 dF 1 , (20)Y

where

T = required preload torque, in-lb

d = nominal thread size, in.

F 1 = required preload, lb.

For preliminary evaluation purposes, d may be taken to be 1. 30 D. As discussed in the
next sections on design procedures, Fl can be established only after detailed dimen-
sions of the fitting are selected. However, for preliminary evaluation of torque re-

quirements, F 1 may be taken as equal to FD. The design load, FD, is shown in Fig-
ure 15. With these assumptions, torque requirements have been calculated and are
plotted in Figure 18.

The torque that can be applied to a fitting depends on numerous factors; e. g., the
type of tool being used, the precision with which torque must be applied, the space
around the fitting as initially installed and, as might be the condition for subsequent
disassembly and reassembly, the space for a workman to stand and brace himself while
applying the torque. Obviously, in designing a line of fittings for general use, any maxi-
mum torque limit is necessarily somewhat arbitrary. However, based on general
experience with pipe and tube fittings, an upper limit of 2000 in-lb of torque appears
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reasonable. This torque limit, when transferred to Figure 18, subdivides the fittings
into threaded and bolted as shown in Table 6.

TABLE 6. DIVISION OF FITTINGS INTO THREADED AND BOLTED,
BASED ON A MAXIMUM TORQUE OF 2000 IN-LB

(-425 to 600 F Operating Temperature)

Design Threaded-Fitting Bolted-Fitting
Pressure, Sizes, Sizes,

psi in. in.

1,500 1/8 through 1-1/4 1-1/2 and larger
2,000 1/8 through 1 (a)

(4, 000)(b) 1/8 through I (a)
10,000 1/8 through 1/16 3/4 through I

(a) Larger sizes are not included in these pressure classes.
(b) The design pressure of 4000 psi is shown for information only. Fittings for 4000 psi and 30-

minute life at 1500 F will probably be similar to the 10,000 psi-fittings at 600 F.

A more detailed analysis, in which actual fitting geometry is established, will
shift this division, but Table 6 may be taken as a preliminary indication of the division
between threaded and flanged fittings based on torque requirements. Table 3 shows
slightly smaller-size divisions between threaded and bolted fittings in Classes I and II
than shown in Table 6, reflecting an anticipation that preloads (F 1 ) will be somewhat
higher than design loads (FD).

Fatigue

In general, tube or pipe fittings are subject to fatigue damage due to cyclic bending
(vibration) of the piping system. When the fitting is properly preloaded, the cyclic
stress in the fitting-to-fitting structure will be low and fatigue failure of the fitting-to-
fitting is not anticipated. Fatigue failure, with cyclic bending of the attached pipe, is
more likely to occur at the tube-to-fitting juncture. With the details shown later herein,
and assuming an adequate brazed or welded tube-to-fitting joint, fatigue failure will
occur first in the tube at the end of the hub socket. The stress-intensification factor
at this juncture, however, will be fairly low if the socket wall thickness is not too large;
i. e., the change in crosssection is not too great. The stress-intensification factors can
be further reduced by tapering the end of the socket.

Seal Interaction

For detail design of the fitting-to-fitting connection, presented in the next two
Ssections, it was assumed that the seal considered of a flat metal ring gasket 0. 010 in.
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thick, with appropriate diameters and width. It is expected that one or more ef the seal
types suggested for further investigation will reduce the requirements for the fitting
structure, particularly in the realm of temperature gradients.

Tube-to-Fitting Interaction

Insofar as fitting-to-fitting design is concerned, the tube-to-fitting connection
should be such that it does not distort the fitting structure, particularly the seating
surface for the seal. Distortions produced at the tube-to-fitting connection can be pre-
vented from distorting the sensitive parts of the fitting structure, such as threads in
threaded fittings or seal-seating surfaces in both threaded and flanged fittings, by using
a sufficiently long, relatively thin hub on the fitting stub ends (threaded fittings) or on
flanges (flanged fittings). The designs shown later in Figures 20, 26, 27, 30, and 33
have fairly long hubs; depending upon details of the tube-to-fitting joining process, it
may be possible to decrease the hub length. However, if the tube-to-fitting joining
process produces severe distortions particularly of an axially nonsymmetric type, it
may be necessary to increase the hub lengths.

Designs Considered

During the early stages of Phase I many possible methods of securing the fitting-
to-fitting connection were considered. These ranged from exotic concepts like "Chinese
finger grips" to the simple and everyday nut and bolt. Four methods which were con-
sidered worthy of consideration were (1) ring clamps, (Z) snap or overcenter clamps,
(3) differential threads, and (4) ball-and-socket joints.

Ring Clamps

Ring clamps were devised in an attempt to duplicate a flanged connection without
using a great number of bolts. Generally the ring clamp is made of two mating flanges
with tapered outer surfaces. A split hoop whose inside surfaces are tapered at the same
angle as the flanges is fitted over the mating flanges. Small projections with bolt holes
are provided where the two halves of the hoop are mated. Generally only two bolts are
used. When these bolts are tightened a clamping force normal to the tapered faces is
imposed. The axial component of the clamping force is the only force available for
sealing and preloading. A typical ring clamp is shown in Figure 19a. This type of
clamp is used extensively for many commercial applications and has been used in missile
systems. Three major considerations ruled out this type of flange for an improved
fitting.

(1) It is difficult to attain the required preload and it in also difficult to
control initial preload within the limits necessary for the proposed
service conditions.

(2) The weight of a fitting of this type would far exceed that of standard-
type flanges for high-pressure applications.

(3) It is exceedingly difficult to secure this type of joint when the tubing
is misaligned.
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a. Ring Clamp

b. Snap on Overcenter Clamp

c. Differential Threads d. Boll and Socket Joint

FIGURE 19. FITTING-TO-FITTING DESIGNS CONSIDERED
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Snap Clamps

Snap clamps, or overcenter clamps, like those in Figure l9b, would be placed
circumferentially around the tube and would act like a circle of bolts. However, unlike
bolts, snap clamps once closed cannot be further tightened unless a take-up screw is
provided. Such a clamp would be complex in construction and would be less reliable
than a simple bolt-and-nut arrangement. Snap clamps cannot compensate for misalign-
ment, cannot be readily preloaded, and are subject to early fatigue failure due to working
of the parts.

Differential Threads

The coupling shown in Figure 19c is a typical application of a differential thread.
Because the threads on parts A and B have a different pitch, each will travel a different
linear distance relative to coupling C as the coupling is rotated. An arrangement of this
type can produce high preload forces but it is difficult to assemble, it is heavy, and it is
susceptible to thread seizure.

Ball and Socket

A ball-and-socket-type joint (Figure 19d) is probably the most widely accepted
means of joining two misaligned tubes. Because this type of joint can be made rugged,
a design which can operate reliably is possible. However, in order to accommodate
the seal in any angular position within the range of misalignment specified, it is probable
that the seal would have to be placed at the ball-and-socket interface. Probably the best
approach would be to machine a seal-retaining cavity in the ball and to make the socket
sufficiently large that it could overlap the seal in any given position. A joint of this type
is nc essarily large and heavy because of the oversized socket and the oversized nut.
This type of joint should not be used unless it is absolutely essential that the fitting com-
pensate for misalignment. Although initial misalignment can be overcome with the ball-
and-socket joint, bending moments due to vibration will still exist during operation.
This type of joint is more likely to fail due to these bending moments.

Threaded and Bolted Flange Connections

Threaded and bolted flange connections have been used so universally that too often
they are taken for granted. Many times when structural failures occur in threaded or
bolted fittings it is concluded too rapidly that the failure can be ascribed to the method
of connection. Rather, the failure is more probably the result of "insufficient" design;
i. e., the fitting was not designed to take full advantage of the interacting physical
phenomena inherent in the design. Battelle's choice of threaded and bolted flange con-
nections as the best means at present of securing the fitting-to-fitting connection is
based on the following:

(1) Preloading of the connection, which is considered essential for
successful operation of the system, is easily attained.

(2) The effects of transient thermal gradients can be overcome by
judicious choice of the spring constants RB and RG* in conjunction
with the preload phenomena.

*See pages 35 through 39.
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(3) Although assembly of the connection requires care, the technique is
definitely within the capabilities of the average mechanic and the
completed joint can be easily reassembled many times.

(4) In terms of load capability, the connection is probably lighter than
other comparable designs.

(5) The reliability of threaded and bolted connections has been demon-
"strated conclusively.

It is recognized that such considerations as torque relaxation and preload control
by means of torque-wrench readings are two disadvantages inherent in these connections,
especially with threaded fittings. However, because of the vast amount of experimental
work already accomplished in these areas it is possible to adequately overcome the
ambiguity these factors introduce into the design process.

Conclusions

The four designs shown in Figure 19 represent only a fraction of the number of
concepts considered. They do represent, however, the better designs possible. Ring
clamps and overcenter clamps are simple and easy to assemble. They probably can be
used successfully for light duty operation. Differential thread devices appear to be too
unreliable for missile applications. A review of all possible means conceived of securing
the fitting-to-fitting connection revealed that none can compete with the threaded or
bolted flange connections when the factors of simplicity, ruggedness, reliability, and
weight are considered in combination.

Design Procedure for Threaded Fittings

Two preliminary designs of minimum-weight threaded fittings are presented in
Figures 20 and 26. The first (Figure 20) is a Class Ia fitting designed for a 1-in. -

diameter tubing system which operates at a maximum internal pressure of 2000 psi
between -100 and 600 F. The second (Figure 26) is a Class IIIa fitting designed for a
1/8-in. -diameter tubing system which operates at a maximum internal pressure of
10,000 psi between -425 and 600 F.

Figures 20 and 26 show the basic structure of the fitting when used to connect one
tube to another tube. In many applications the threaded stub end will be integral with
or welded to a piece of equipment such as a compressor, pump, pressure vessel,
manifold, elbow, or tee. In such applications, the attached equipment is expected to
hold the fitting while the nut is being tightened, or, in the case of elbows or tees, there
will be a place on the elbow or tee body which can be held by a wrench. When used
simply as a connector, a wrench flat or suitable reinforced knurled sections must be
provided on the threaded stub end.
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A-43906

FIGURE 20. PROPOSED I-IN. CLASS Ia THREADED FITTING, 2000 PSI AT

-100 TO 600 F, AM-355
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The following basic features should be noted in the proposed designs:

(1) The fittings contain a seal which is not part of the tubing. This gives
relative freedom in seal design, material choice, surface finish, and
tolerances. In contrast, standard AN- fittings produce a seal on the
flared tubing material. Difficulties exist at present with austenitic
stainless steel material, and increased difficulties would be expected
if higher strength tubing material were used.

(2) A modified buttress thread form is used in the 1-inch fitting, thereby
substantially eliminating the radial thrust that exists with 60° form
threads. A discussion of thread profile in relation to fitting design
is given in Appendix III.

(3) The inwardly projecting flange on the fitting nut is designed to act
as a spring, thereby adding substantially to the elastic follow-up
available for temperature gradients.

Class Ia I-In. Threaded Fitting

The service conditions upon which the design is based are presented in Table 7.
The design properties of the AM-355 alloy, chosen as the fitting material for Class Ia
fittings, are given in Table 8.

TABLE 7. SERVICE CONDITIONS FOR DESIGN OF I-IN.
CLASS Ia THREADED FITTING

Design Pressure 2000 psi

Design Temperature -100 to 600 F

Proof Pressure 3000 psi at 70 F

Structural Loads

Hydrostatic, FE 1900 lb (Equation 1)
Bending, FB 1900 lb (Equation 12)
Seating, FG 3460 lb (Equation 9)

Temperature Gradient 50 F (See page 39)
(Nut to Body)

Creep None

i
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TABLE 8. DESIGN PROPERTIES OF AM-355

Yield Modulus of Thermal
Stress, Elasticity, Coefficient of

Temperature, F 1000 psi 107 psi Expansion, in. /in. /F

-100 170 3
70 165 3 7 x 10-6

600 127 2.7

After the basic design requirements and the general geometrical shape have been
established, the detailed dimensions can be determined by an iterati-e procedure. An
estimate of dimensions is first made and the strength and displacement characteristics
are calculated. If these characteristics are not satisfactory, a second set of dimensions,
based on the first approximation, is selected and the process repeated until a fitting of
satisfactory design is obtained. The final calculations on the basis of the dimensions
shown in Figure 20 are summarized in a series of four steps:

(1) Determine the stresses for a basic imposed load, hydrostatic plus
bending, of 3800 lb.

(2) Determine the displacements on the basis of a unit load.

(3) Establish preload requirements.

(4) Select from the above calculations the controlling preload condition
and recalculate the corresponding stresses.

As an aid in understanding how the various load conditions, evaluated in Step (3),
influence the establishment of the necessary preload at room temperature, a series of
preload diagrams are included. These diagrams, Figures 21 through 25, are all drawn
to the same scale and if superimposed would result in a complete preload diagram which
compares directly the maximum and minimum operating limits.

(1) Detefine the safeses for a basic Imposed load, hydrostatic plus bending, of 3800 lb.

Shear stress at thread pitch diameter, Sa = 2300 psi

Nut flange and hub maximum stress, Sb = *60,500 psi

Stub end maximum stress, Sc - 73,600 psi.

(2) Detaene the displacements on the basis of a unit loads.

Spring constant, RB = 2.47 x 10-7, composed of:

Tensile strain in the hub on the nut, (6) = 4.01 x 10-8
a

Rotation of flange on nut, (G) b= 2. 06 x 10-7

*Stress and displacement calculation methods are shown in Appendix I. Because of the length of the detailed calculations, they

are not shown.
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Spring constant, RG = 5. 483 x 10-8, composed of:Compression of flange stub end, (1 = 1.37 x 10-8

k cCompression of threaded stub end, () = 3.78 x 10-8

d

Compression of seal, (•) = 6) x
e

Displacement characteristics are shown in Figure 21. The spring con-
stant of the tension member, RB, is drawn with a positive slope from the
origin. The spring constant of the compression members, RG, is drawn with
a negative slope and intersects RB at the required preload. This intersection
point is determined in the next series of calculations. Also shown in Fig-
ure 21 is Fi, the minimum compressive load needed to maintain the seal.

jF.

F-

O~sp~ac~f- £44M)

FIGURE 21. BASIC PRELOAD DIAGRAM FOR I-IN. CLASS Ia THREADED FITTINGS

(3) Establish preload requirments.

Five design conditions are to be considered:

(a) Proof pressure of 1.5 times design pressure at 70 F
(b) Steady (temperature) state at design pressure and 70 F
(c) Minus* thermal gradient of 50 F
(d) Plus thermal gradient of 50 F
(e) Steady (temperature) state at design pressure and 600 F

"The maximum preload required for those five design conditions is
determined. This preload is then used in combinati'on with the thermal
gradient producing the highest load to determine the maximum stress condition.

*A "minus" temperature gradient is defined as a design condition in which the inner portions of the fitting are colder than the

"outer portions of the fttting.
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Proof Pressure at 70 F

The design bending load and 1. 5 times the hydrostatic load are imposed.
The total structural load is then(1900x 1.5)+ 1900 = 4750 lb. A preload F 1 of
4500 lb is calculated by Equation (18) as required to maintain a residual seal
load Fi of 600 lb after the proof pressure and design bending moment are
applied. With a seal contact area (see Figure 20) of ir x 1. 06 x 0.030 w
0. 100 sq in., the residual seal stress is 6000 psi, which is three times the
design pressure and therefore in accordance with the suggested minimum
residual seal stress.

Graphically, the total structural load of 4750 lb is measured vertically
from the intersection of RG and Fi in Figure 22. From the top of this line,
RB is drawn and the origin is established where RB intersects the abscissa.
The preload is 4500 lb and the maximum load on the nut is 5350 lb.

6
5350 lbFmox

5 45001b

4750 lb

2- R

4 8 12 16 20

Displacement, IO)4 in.
A-44369

FIGURE 22. PRELOAD DIAGRAM FOR PROOF PRESSURE AT 70 F

Steady State at 70 F

At 70 F, only a preload of 3700 lb is required to maintain the residual
seal load, F , of 600 lb when a structural load of 3800 lb is applied. The
maximum load on the nut is 4400 lb. These relationships are shown in

Figure 23.
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FMAX 4400 lb

0 F1x

o 2 R

Fi -600 
lb

4 8 12 16

Displacement, 10-4 in.

A-44364

FIGURE 23. PRELOAD DIAGRAM FOR STEADY STATE AT 70 F

Minus Temperature Gradient

When a cold fluid is introduced and the average temperature of the nut

is 50 F (design limit) higher than the average temperature of the stub ends,
the relative expansion of the nut is:

AT = 50 x 0.7 x 7 x 10-6= 2.45 x 10- 4 in.

When a minus temperature gradient giving a differential expansion of

AT occurs, the preload required to maintain a given residual seal load Fi is
given by:

# 6 B + 6G + AT
F1 6B + 6G F 1 , (21)

where

Fl = preload required with differential expansion, AT

F 1 = preload required without differential expansion

6.B 6G = displacements corresponding to preload Fl
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when

FI = 3700 lb (steady state at 70 F), the corresponding

6B + 6 G = (RB + RG) 3700 = 11. 15 x I0-4 inches, and

F 13.60 x 3700 = 4510 lb.

11. 15

The effect of the minus temperature gradient is to displace RG to the left

as shown in Figure 24 because of the relative contraction of the compression

members. When the structural load of 3800 lb is measured vertically from
the intersection of RG and Fi, the maximum load on the nut is less than the re-

quired room-temperature preload. The preload at room temperature needed
to maintain the seal is 4510 ib, which is slightly greater than the previous
preload at proof pressure.

s Displacement, AT
Cold tfluidAF50F

8 4

R, R. R2

Fi 600 Ib

4 a 12 16 20

Displacement, 10-4 in.
A-44365

FIGURE 24. PRELOAD DIAGRAM FOR MINUS TEMPERATURE GRADIENT

Plus Temperature Gradient

When a hot fluid is introduced and the average temperature of the nut is
50 F lower than the average temperature of the stub ends, AT is again
2. 45 x 10-4 in. However, in this case, the preload is proportionately in-

creased. On the basis of a preload of 4510 lb required to handle cold fluids,

the total load now carried by the fitting nut becomes, by Equation (16):

F = (4510 x AM.0•)+ 3800 = 6030 lb.
2413.6054
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the As shown in Figure 25, RG is displaced to the right due to expansion of

the compression members. The room temperature preload of 4510 lb estab-

lished in the previous case for a minus temperature gradient is still valid.

The structural load of 3800 lb represented by a vertical line is measured be-

tween RB and RG. The actual residual seal load Fi is approximately 2150 lb
and the maximum load on the nut is 6030 lb.

6030 lb Displacement, AT
Fmax Hot fluid, &F= +50F

4510 
lb 

_

451 11b

XF,

- 4 0

0 Fi
0 2|

02 -R R

Fi 600 lb

0
0 4 8 12 16 20

Displacement, I0-6 in.
A 4456

FIGURE Z5. PRELOAD DIAGRAM FOR PLUS TEMPERATURE GRADIENT

Steady State at 600 F

At a uniform temperature of 600 F, the modulus of elasticity of the

fitting material will decrease to 90 per cent of its room-temperature value.
This loss reduces the effective preload from 4510 to 4060 lb. After appli-

cation of the structural load of 3800 ib, the residual seal load is 950 lb, which
is well above the design minimum of 600 lb.

(4) Select from the above calculluions the controlling preload condlition and recalculate the corresponding
stress.

An initial preload of 4510 lb is necessary to provide sufficient residual
gasket load when a thermal transient in which the nut temperature is 50 F

higher than the stub-end temperature is present. This preload is sufficient
for proof-pressure conditions and for steady-state conditions at 600 F. The

highest stress conditions will occur when the nut is 50 F colder than the stub
ends (plus temperature gradient). The stresses during this transient thermal
state will be:
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Actual size

Clue SA IS 8 fit .. ,

FIGURE 26. PROPOSED I/8-IN. CLASS IIIa THREADED FITTING, 10,000 PSI AT
-425 TO 600 F, RENE 41
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I

70 F 600 F
Max Stress in Nut, psi 96,000 86,200
Max Stress in Flanged Stub End(a), psi 87,500 73,600

(a) The stresses in the flanged stub end arise directly from the structural loads. At
preload conditions, before application of structural loads, the bending stress in
the flanged stub end is essentially zero, since the seal and point of load appU-
cation from the nut are opposite each other. The maximum stress occurs at the
proof-test conditions at 70 F.

The yield strength of AM-355 is 165,000 and 127,000 psi at 70 F and 600 F,
respectively, and therefore a factor of safety of at least 1.47 is evident.

Class III 1/8-In. Threaded Fitting

The detail design procedure for the 1/8-in. threaded fitting shown in Figure 26 is
analogous to that of the 1-in. threaded fitting described above, with one important ex-
ception. In the 1/8-in, size, the seal-seating load is 628 lb because of the need to plasti-
cally yield the seal material. The structural load, even at 10,000-psi design pressure,
is only 666 lb. Accordingly, there is little or no advantage to be gained in designing for
operating pressures less than 10,000 psi.

Additional Design Considerations

Accuracy of Preloading. In the calculations presented above, it was assumed that
the desired preload could be accurately applied. In practice, accurate preloading may
be difficult. If a torque wrench is used, a preloading accuracy of about * 25 per cent
is the best to be expected.

Torque Relaxation. Experience with flared and flareless threaded fittings indicates
that part of the initial torque applied to the fitting is lost with passage of time. It is not
known if the axial load also decreases, but presumably it does. At elevated tempera-
tures this relaxation is intensified. Although use of high-precision buttress threads
will probably reduce thread relaxation, some relaxation may still exist, especially at

elevated temperatures. Additional preloading may be required, therefore, to com-
pensate for thread relaxation. Available test data on torque relaxation and a discussion
thereof are given in Appendix IV.

Overtightening Factor. Unless installation procedures are carefully controlled,
threaded fittings may be overtightened. This leads to higher stresses in the fitting and
the possibility of yielding. To prevent yielding, a substantial margin must be available
in the threaded fitting for overtightening allowance. For example, MIL-F-5509A,
"Fittings; Fluid Connections", requires that steel fittings be able to withstand a torque
equal to 1-1/3 times the required torque. The I-in. threaded connection is designed to
provide at least this overtightening margin. (The factor of safety is 1. 47.)
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Plastic Deformations. The three factors discussed immediately above indicate

that the design preload may be increased above the theoretical 4510 lb for the 1-in.

Class Ia threaded fitting. This would imply higher stresses in the fitting, which are
already quite close to the yield strength of the fitting material. There is, however,
a substantial factor of safety in the structural design in that the calculated stresses are

localized bending stresses. The fitting, as a gross structure, will not yield appreciably
when these stresses reach the yield strength of the material. Rather, there will be a

redistribution of stresses due to local yielding. In approximate terms, the imposed

load has to be 1. 5 to 2 times the theoretical load required to produce a stress equal to

the material yield strength before gross yielding of the structure will occur. This ap-
proximation will be better defined during the Phase II development of the threaded fitting.

Design Procedure for Bolted Fittings

Three preliminary designs of minimum-weight bolted fittings are presented. A

major reduction in size and weight of the proposed flanged connections, as compared
with standard pipeline flanges, is achieved by:

(1) Use of high-strength materials for both flanges and bolts

(2) Use of a proper number and size of bolts as required for specific
design conditions

(3) Use of socket-head or similar bolts to eliminate or reduce wrench

clearance between the nut and the flange hub.

Although the proposed designs represent a departure from standard pipeline

practices in many ways, other elements of the design are quite similar to conventional
flange designs, as in the use of raised faces and tapered hubs. Raised faces partially

convert the flange rings into springs which can compensate for temperature gradients.
The tapered hub provides maximum reinforcement, per unit weight, to the flange ring.
In addition, the tapered hub provides a gradual transition in thickness between the flange
rings and the attached tube for optimum fatigue-resistance to cyclic bending loads.

Class Ia I-In. Bolted Fitting

The service conditions on which the design is based have been given in Table 7.
The design properties of the AM-355 alloy chosen as the fitting material have been

given in Table 8. According to the conditions listed in Table 3 in the section "Recom-
mended Fitting Classes", a Class Ia 1-in. fitting would be threaded, while a Class Ib
fitting would be flanged. However, the design shown in Figure 27 is for Class Ia service to
provide a direct comparision with the threaded connection designed for the same
conditions.
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FIGURE 27. 1-IN. CLASS Ia BOLTED FITTING, 2000 PSI AT -100 TO 600 F, AM-355
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Essentially the step-by-step analytical and graphical procedure used in analyzing
the Class Ia 1-inch bolted fitting is the same as the step-by-step procedure presented for
the Class Ia 1-inch threaded fitting. An iterative procedure is used to establish the de-
tailed dimensions. The final series of calculations on the basis of the dimensions shown
in Figure 26 are summarized in a series of four steps:

(1) Determine the stresses for a basic load, hydrostatic plus bending,
of 3800 lb.

(2) Determine the displacements on the basis of unit load.

(3) Establish preload requirements.

(4) Select from the above calculations the controlling preload condition
and recalculate the corresponding stresses.

The preload diagrams presented in conjunction with these calculations do not depict
the effect of thermal gradients since subsequent analysis indicates that the required pre-
load is not determined under thermal load conditions.

(1) Determine the stresses for a basic load, hydrostatic plus bending, of 3600 lb.

Tensile stress in bolts, Sb = 66,700 psi

Maximum stress in flanges, Sf = 73,000 psi

(2) Determine the displacements on the basis of unit load*.

Spring constant, RB = 7.775 x 10-7, composed of:

Tensile displacement of bolts (L) = 2.335 x I0-7
a

Rotation of flanges, (4-) = 5.44 x 10-7.
F b

Spring Constant, RG = 3. 213 x 10-8, composed of:

Compression of flanges, c6) = 2. 88 x 10-8

Compression of seal, (6 . x -9
\F/d

The spring constants listed above describe the behavior of the flanged
connection as the bolts are tightened and the preload is applied. Subsequent
application of structural loads in an axial direction causes the bolt load to in-
crease slightly. Since changes in moment arms are small when the axial
load is transferred from the seal to the flange hub, the effect of this change
can be neglected. The radial effect of internal pressure, however, is s•gni-
ficant and must be included in the analysis. The decrease in initial bolt load
due to the radial effects of internal pressure is

AF= q = 0. 174P (22)**Q

$Stes and displacement calculation methods are shown In Appendix I.
"This expression follows from Equation (19). In particular the last term in the definition'of a.
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(3) Establih preload requirements.

Proof Pressure at 70 F

The design bending load and 1. 5 times the hydrostatic load are im-
posed. The total structural load is then

(1900 x 1.5) + 1900 = 4750 lb.

The preload to maintain a minimum seal load of 600 lb is 5700 lb. This
includes an allowance for reduction in bolt load due to the radial effect of in-
ternal pressure (Equation 22) of 0. 174 x 3000 = 522 lb. With a seal contact
area of 0. 100 sq in., (see Figure 27) the residual seal stress is 6000 psi,
three times the design pressure.

In constructing the preload diagram (Figure 28) it is first necessary to
establish the effective preload, Fe, at operating pressure. The structural
load of 4750 lb is measured vertically from the intersection of RG and Fi.
From the top of this line, RB is drawn until it intersects the abscissa. The
effective preload of 5178 lb is established where RB intersects R6. To
determine the true preload at no-load conditions, it is necessary to take into
account the radial effect of the internal pressure. This value of 522 lb is
added to the effective preload. The no-load spring constant RG is established
by the intersection of Fi and RB.

6 - 57W01b

P-00 51 78 1b

5'

4

RS 47W0 1b

2

I 2 3 4 5

FIGURE 28. PRELOAD DIAGRAM FOR PROOF PRESSURE AT 70 F
FOR 1-IN. CLASS Ia BOLTED FITTING
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Steady State at 70 F

At 70 F, a preload of 4590 lb is required to provide the residual seal
load of 600 lb after application of a structural load of 3800 lb, including the
radial effect of the application of 2000-psi internal pressure, reduces the pre-
load by 0. 174 x 2000 = 350 lb.

The preload diagram is constructed in the same manner as the preload
diagram for proof-pressure conditions. This diagram is shown in Figure 29
and is used to evaluate the effects of thermal gradients on the preload.

2F1 /

a 3 3

Dispocmsw , inO k. A-443o

FIGURE 29. PRELOAD DIAGRAM FOR STEADY STATE AT 70 F

Minus Thermal Gradient

When the cold fluid is introduced and the average temperature of the
bolts is 50 F (design limit) higher than the average temperature of the flanges,
the relative expansion of the bolts is:

AT = 50 x 0.4 x 7 x 10-6 = 1.40 x 10-4 in.

When a minus temperature gradient giving a differential expansion of

AT occurs, the preload required to maintain a given residual seal load Fi,
is given by

6B + 6 G + AT 2qrrhG

6B + 6G Fl +



I

where

F preload required with differential expansion, AT

Fl = preload required with no differential expansion and

without the radial effect of internal-pressure term

6 B, 6 G = displacements corresponding to Fl.

Since F 1 = 4590 - 350 = 4240 lb (steady state at 70 F), and the cor-

responding 6 B + 6C; (RB + RG) 4240 = 34.2 x 10-4 in.,

F1  35.6-x 4240+0.174 x 2000=4760 lb
1 34. 2

Plus Thermal Gradient

When hot fluid is introduced and the average temperature of the bolts is

50 F lower than the average temperature of the flanges, AT is again 1. 40 x
10-4 in. In this case, the preload is proportionately increased. When a pre-

load of 5700 lb for the proof test has been applied, the maximum load carried
by flanges and bolts becomes

(5700 4 (3800 . (0. 174 x 2000) = 5670 lb

Steady State at 600 F

At a uniform temperature of 600 F, the modulus of elasticity of the
material will decrease to 90 per cent of its room-temperature value. The
effective preload is reduced to 5700 x 0.90 = 5130 lb. Because the radial

effect of internal pressure will further decrease the effective preload by
350 lb, the residual preload is 4780 lb. The residual seal load, after appli-

cation of structural loads, is 1140 lb, which is more than ample to meet the

minimum design criterion of 600 lb (6000 psi seal-contact-area stress).

(4) Select from the above calculations the controlinag preload condition and recalculate the corresponding
stresses.

A preload of 5700 lb is necessary for proof-pressure conditions and is

ample to handle thermal transients of +50 F and also steady-state conditions
at 600 F. With an initial preload of 5700 lb, the maximum stresses occur
when the full design pressure and bending moment are applied, while the

temperature difference is such that the bolts are 50 F colder than the flanges.

The maximum stresses are:

70 F 600oF
Tensile stress in bolts, psi 99,600 89,600
Bending stress in flanges, psi 109,000 98,000
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The yield strength of AM-355 is 165,000 psi at 70 F and 127,000 psi at
600 F. Therefore, the design provides a minimum safety factor of 1.30.

An important consideration in the design of a bolted connection is the

question of bolt selection and spacing. There are no analytical means of
determining optimum choices. However, there are some empirical guides

which on the basis of past experience can be used to closely approximate a
satisfactory design. These guides are discussed on pages 72 and 73.

Classes III and IV 1-In. Bolted Fitting

The bolted fitting shown in Figure 30 generally illustrates the dimensions of a 1-in.
bolted fitting suitable for 10,000 psi at temperatures up to 600 F when made of AM-355
(Class Ill pressure and maximum temperature), and at the same time, when made of
Rene 41 is suitable for 4000 psi for 30 minutes at 1500 F (Class IV) with about 100 F
maximum thermal gradient. These designs were made to help establish the classes
shown in Table 3. While design conditions do not correspond exactly to Table 3, they
are sufficiently close to illustrate the design procedure and resulting dimensional
proportions.

Design of the bolted fitting shown in Figure 30 for 10,000 psi at -100 to 600 F
follows the same procedure as discussed for the 1-in. bolted fitting for 2000 psi at -100
to 600 F. Establishing ratings for this bolted fitting at 1500 F, however, illustrates the
design procedure for fittings where creep or relaxation occurs, and this aspect will be
discussed in the following.

The design procedure at temperatures where creep or relaxation is a dominant
factor is discussed in Appendix II. The procedure is essentially one of establishing
pressure-time ratings at a specified temperature for a given fitting; i. e. , a fitting with
all dimensions established and made of a specified material. In this discussion, the
"given fitting" is shown in Figure 30.

Data on Reni 41 for Creep Design. As noted previously, Rene 41 was selected as
the recommended material for high-temperature design. The design analysis uses creep
data from Figure 3. 042 of Reference (15), "Master Curves for Creep and Creep Rupture
for Sheet and Bar". Specifically, the data for bar stock, heat treated at .150 F for
2 hours, air cooled and aged at 1650 F for 4 hours, were used. These data are given in
the form of stress versus the Larson-Miller parameter (T+460) (20 +logl 0 t), for the
0. 2 per cent creep condition. With the assumption that de/dt is independent of time, the
data can be converted to a graph of de/dt versus stress at 1500 F, as shown in Figure 31.

The relationship between creep rate and stress in the creep-stress range of
10,000 to 60,000 psi can be conservatively approximated by the equation

- = 1. 3 x 10"26S4. 82 (24)

dt

where

Lp = strain, in. /in.

t = time, hr

S = stress, psi.
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FIGURE 30. I-IN. BOLTED FITTING, APPROXIMATELY CLASS 111 (10,000 PSI UP TOL 650 F) AND CLASS IV (4,000 PSI AT 1500 F, 30-MINUTE LIFE)
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Equation (24), plotted in Figure 31, is of the form - = cSn, which forms the basis for
the development in Appendix II. Additional data on Reng 41 needed for the analysis is
presented in Table 9.

II TABLE 9. DESIGN PROPERTIES OF RENE 41

70OF 1500 F

Yield Strength(a), psi 120,000 97,000
Modulus of Elasticity, psi 3. 2 x 107 (Er) 2. 4 x 107 (ET)
Coefficient of Thermal Expansion, per F 6. 8 x l1-6 8. 5 x 10-6

Pseudo-Modulue(b), El, psi, Approximately 1. 6 x 107

at So = 60,000 psi
and 1500 F

(a) From Reference (21).
(b) From Reference (22).

Application of Creep Design Procedure. The creep design procedure established
in Appendix I will be applied to the bolted flanged joint with the dimensions shown in
Figure 30. The procedure is characterized by the following steps: (1) determine
maximum preload at room temperature,(2) determine effective preload at 1500 F, steady
state,(3) compute a time-versus-residual-bolt-stress curve, and (4) consolidate maximum
operating pressure corresponding to the residual bolt stresses for both steady state and
transient thermal conditions.

Because maximum service life is obtained with the application of maximum initial
preload, the bolts are considered to be initially tightened to their yield strength of
120, 000 psi. The flanged-joint shown in Figure 30 has eight 1/4-28 bolts, each bolt
having a cross-sectional area at the root of the threads of 0. 0326 square inch. The total
cross sectional area of the bolts of the flanged joint shown in Figure 30 is therefore
8 x 0. 0326 or 0. 261 square inch. The total bolt load corresponding to 120,000-psi bolt
stress is then 120,000 x 0. 261 = 31,400 lb. By using the stress-calculation methods
shown in Appendix I, it can be shown that a total bolt load of 31,400 lb, applied to the
flanged-joint shown in Figure 30, produces a controlling stress in the flanges of 116,500
psi. Since this stress is almost equal to the bolt stress of 120,000 psi, it will be as-
sumed that the initial stress in both the bolts and the flanges is 120,000 psi. This as-
sumption permits the use of Equation (81) of Appendix II to calculate service life, t,
rather than the more complex Equation (82). In the following, the decrease in bolt stress
as a function of time will be determined; it should be kept in mind that this decrease in
bolt stress is due to creep of all parts of the joint, not the bolts alone.

As the temperature is increased from ambient to 1500 F, the initial preload is re-
duced by a factor EI/Er, where El is the pseudo-modulus of elasticity at 1500 F (derived
as indicated in Appendix 11), and Er is the modulus of elasticity at room temperature.

Gross yielding does not occur, since the yield strength decreases at a lesser rate than
does the modulus of elasticity.

The values of the constants in Equation (81) for Rene 41 at 1500 F are: C1 = 1. 3 x
1026, n = 4. 82, and ET = 2. 4 x 107. The bolt preload at 1500 F is one-half the initial
preload of 120,000 psi; that is, So is 60,000 psi. By substitution of these values,

Equation (81) becomes
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- St 3.82

t 600 (25)
(1. 19 x 10'1 8 )(St) 3 . 82

where St = residual stress in the bolts after t hours of service life.

The effective residual bolt load at any time is simply St multiplied by the bolt area
of the flanged-joint shown in Figure 30:

F = ABSt = 0.261 St (26)

Arbitrary values may be assigned to St and the corresponding time required for the
stress to relax from 60,000 psi to the chosen value can be calculated from Equation (25).

The corresponding residual bolt load given by Equation (26) can also be calculated for
each assigned valus of St. The structural loads carried by the connection, with this
effective residual bolt load, can then be computed by the method outlined earlier, where
temperature effects did not involve creep.

As an example, assume that St is assigned a value of 40,000 psi. From Equa-
tion (25), t is found to be 1. 74 hours; i.e. , it will take 1. 74 hours for the bolt stress to

decrease from 60,000 psi to 40,000 psi. From Equation (26), with St = 40,000, the
residual bolt load at the end of 1. 74 hours is 10,430 lb.

The residual bolt load of 10,430 lb at the end of 1. 74 hours may now be considered
as if it were an initial applied bolt load F 1 . By using the method discussed earlier in

designs in which creep was not a factor, a design pressure P corresponding to an initial
load F, can be obtained. For the bolted fitting shown in Figure 30, the significant fac-
tors may be expressed by the equation

RB
F-FS RG 2qhG

Fl = i +RG R + P(27)
1i + RB1+- Q

RG

where

F 1 = 10,430 lb (in this particular example).

Fi = seal load which, in the design procedures, is required to be
such that the seal stress is not less than 3 times the pressure.

On this particular bolted fitting, the seal area (See Figure 30)
is 0. 281 sq in. , hence, a minimum value of Fi is 0. 281 x
3 x P = 0. 783 P.

RB and RG = spring constants of the bolted fitting discussed in the section
"Preload".

Fe = structural load. This load is the sum of the hydrostatic end
load, which is proportional to the pressure, and an external

bending-moment load*, which, while not necessarily pro-
portional to the pressure, is considered as such in this

evaluation.

* The bending-moment design limits at high (over 600 F) temperatures should be further investigated before final designs are
established.
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ZqhG = displacement characteristic of the bolted fitting giving bolt-load

Q decrease due to the radial effect of internal pressure [See last
term in definition of a under Equation (19). ]

When the displacement characteristics are evaluated for the bolted fitting shown in
Figure 30, and taking F. as 1. 9 P (its value in the temperature range -425 to 600 F),L and using the design limit Fi = 0. 783 P, Equation (27) becomes

F1 = 0.783 P + 1.585 P + 0.206 P . (28)

For F 1 = 10,430 lb, Equation (28) gives P = 4050 psi. This means that the maximum

design pressure for the bolted fitting shown in Figure 30, operating at 1500 F for
1. 7 hours, is 4050 psi. A series of such calculations has been made for different values
of St; the results are shown graphically in Figure 32.

The above analysis assumed that there were no temperature gradients in the

flanged joint which, in general, probably is not a correct assumption. A critical
condition occurs when the bolt load relaxes to 10,430 lb near the end of the service
life along with a temperature fluctuation at that time which causes the flanges to be

200 F (design limit) cooler than the bolts. Under these conditions there will be a
relative bolt expansion of:

AT = 200 x 0.86 x. 5 x 10-6 = 1.46 x 10-3 in.

The residual bolt load, F , is further reduced by this thermal gradient from 10,430 lb
to 4900 lb; the corresponding design pressure, PI, must therefore be limited to 1900 psi.

Figure 25 shows P 1 plotted against service life, Pl being the maximum design pressure
where the design procedure includes a 200 F thermal gradient.

Class lb 3-In. Bolted Fitting and
Larger Bolted Fittings in General

The general configuration of a 3-in. bolted fitting for service with internal pressure
up to 1500 psi, temperature from -100 F to +200 F is shown in Figure 33. The material
used is AM-355. The detailed design procedure is analogous to that discussed for the

1-in. Class Ia bolted fitting.

The comparison of the structural loads with the seating loads for the 3-in. fitting
illustrates a general consideration in the design of larger bolted fittings. The basic

structural load for the 3-in. Class Ib bolted fitting is 29,000 lb, whereas the seating

load needed to yield the seal material is only 10,400 lb. The structural load is propor-
tional to the pressure; hence, by designing for a lower pressure the weight of the fitting
would be substantially reduced. In contrast, for a I-in. Class Ia fitting, the structural

load is 3800 lb, the seating load is 3460 lb; hence, there is little to be gained by designing
for a pressure lower than 1500 psi.

L- In many piping systems in a missile, particularly in sizes over 3 in. , the actual

operating pressure may be only a fraction of the design pressure of 1500 psi specified

Sfor Class Ib and Class lIb fittings. In these large sizes, the structural load rather than
the seal-seating load controls the design. Since the structural load is, in large part,
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proportional to the design pressure, a large weight penalty will be imposed by designing

for 1500 psi when a lower operating pressure is to be used. As an example of the weight
penalty involved, a 16-in. fitting for 1500 psi might weigh about 200 ib, whereas a 16 -in.
fitting designed for 150 psi might weigh only about 30 lb.

In view of the relatively small number of large size fittings required in missiles,

and in view of large weight penalties for overdesign in such large fittings, it does not
appear reasonable to establish arbitrary detailed dimensional standards for such fittings.
Instead, it would seem more desirable to establish a standardized design procedure, by
which means larger fittings could be readily designed for a specific application.

Additional Design Considerations

Accuracy of Preloading. As in the case of threaded fittings, accuracy of preload-
ing may be limited to *25 per cent if torque wrenches are used in tightening bolts. With

a multiplicity of bolts, the probability of achieving a prescribed preload is better than
for a threaded fitting in which a single nut is tightened.

Torque Relaxation. While the problem of axial-load relaxation exists in bolted
fittings, such behavior is usually ascribed to creep of nonmetallic gaskets rather than
to local deformations of the bolt threads. In the process of assembling a bolted fitting,
it is good practice to tighten the bolts in steps, using a symmetrical tightening sequence.

In this process, each bolt is tightened not once but several times so that short-time yield
effects are taken up in the assembly process. In addition, where service conditions are
critical, it is good practice to retighten the bolts some 24 hours after initial tightening

or, better yet, to retighten the bolts after a short period under service conditions.

Overtightening Factor. As discussed under threaded fittings, some allowance is
necessary to prevent damage due to inadvertent overtightening. The 1-in. Class Ia
bolted fitting has about a 30 per cent margin for flanges and 42 per cent margin for bolts.

Plastic Deformations. In the case of bolted fittings, maximum calculated stresses
in the flanges are localized bending stresses and, hence, the design contains a reserve

against gross yielding. On the other hand, the bolts are loaded essentially in tension,
and accordingly this margin does not exist. From this standpoint, allowable stresses for
bolts should be somewhat more conservatively based than allowable stresses for flanges.

Selection and Spacing of Bolts. For minimum-weight design, it is desirable to
locate the bolts rather close to the flange hub, since this decreases the moment on the

flange ring by decreasing the moment lever arm. Use of standard hex-head bolts with
either regular or heavy hex nuts requires excessive clearance, particularly if additional
space is required for use of a box wrench. Standard socket-head cap screws require a

minimum of radial clearance and appear generally acceptable for bolted fittings using
small (about 1/4 in. or smaller) bolts. In larger sizes, socket-head cap screws do not
have adequate bearing surface, and bolts such as those given in NAS-624, "High Strength
Air Frame Bolts"( 2 3 " are suitable.
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I hThe minimum spacing between bolts is controlled by necessary bolt-head clear-
ances and by the "rule-of-thumb" that the ligament between bolt holes should be at least
equal to the bolt diameter. The maximum spacing between bolts must be limited to pre-
vent excessive bowing of the flanges between bolt holes, with consequent nonuniform seal
loading. The maximum spacing is a function of flange thickness, bolt size, and seal
characteristics, along with other factors. Several practical rules for maximum bolt
spacing have been proposed; some of these are discussed by Lake and Boyd( 2 4 ). A
theoretical approach is given by Roberts( 2 5 ), considering the flange as a beam on an
elastic foundation consisting of the seal. This theoretical approach, however, is not
applicable to a flange with an integral hub. A review of these developments resulted in
the following equation for establishing maximum bolt spacing for bolted fittings with
metal seals:

Cmax = 2(d + t) , (29)
I where

Cmax = maximum spacing between bolts, in.

d = bolt diameter, in.

t = flange thickness, in.

Equation (21) was used in designing the flanged joints shown in Figure 27 and 30.

Alternative Types of Bolted Fittings. The raised-face, welding-neck type of
r • bolted fitting is, of course, only one of several commonly used types of flanges. A

flanged joint with a full-face gasket, as illustrated in Figure 34a, is often used. It
has the advantage that both initial bolt loads and structural loads produce less stress
than on a raised-face flange. The disadvantages are that the full-face flange has less
tolerance against thermal gradients, and there is a much greater tendency for the stress
on the gasket to be concentrated at the bolt holes and on the part of the gasket outside of
the bolt holes. For this reason, bolted fittings using full-face gaskets generally require
higher bolt loads than do comparable fittings using raised faces (gasket entirely inside
the bolt holes). In commercial pipeline practice, flanges with full-face gaskets are
widely used for mild service conditions (e. g. , water or gas distribution lines at or near
atmospheric temperature) but are seldom used for severe service conditions involving
either high or low (cryogenic) temperatures or high pressures (above 300 psi).

Use of weld-neck flanges, in which the flange is permanently attached to the tube,
may involve problems in aligning bolt holes. The use of a loose-ring flange, as il-
lustrated in Figure 34b, will alleviate this problem. The loose-ring type of flange may,
under some conditions, have a further advantage in that greater freedom of choice is
available in selecting the flange-ring material since it need not be weldable or brazable
to the tube material and it need not be compatible with the fluid. Disadvantages are
(1) in general, the loose-ring type flange will be somewhat heavier than the welding-neck-
type flange, since it lacks the reinforcement of the integral hub, and (2) the joint is more
susceptible to bending-fatigue failure at the juncture of the cylindrical shell with the lap;
this disadvantage can be at least partially overcome by inicreasing the stub-end thickness
over that of the mating tube wall, as indicated in Figure 34a.

The flange-ring cross section, except at the bolt holes, consists of a solid metal
rectangle. Several other possible cross sections were investigated to see if significant
weight reduction could be achieved. Cross sections investigated were (1) coned (Bellville
washer shape), (2) tapered, (3) composite (surface of one material, core of a lighter
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FIGURE 34. ALTERNATIVE TYPES OF BOLTED FITTINGS

material), (4) honeycomb construction, and (5) boxed or internally ribbed construction.
The conclusion from the preliminary studies of these alternative ring cross sections
was that while minor reduction in weight can be achieved by their use, the resultant
disadvantages of increase in costs of design and manufacturing, limitations of temper-
ature range and gradients, and problems of bolt-load distribution are such as to exceed
the advantage of a minor weight reduction.

Application of Computers for Optimization of Design

In discussing designs of threaded and bolted fittings the design method was briefly
described as the process of selecting a set of dimensions and then checking if these
dimensions were satisfactory; if not, a second set of dimensions were selected and the
computations repeated. This was repeated as often as necessary to obtain a "satisfac-
tory" design, but not necessarily an "optimum" design. To be of "optimum" design, a
fitting for use in missiles must meet two requirements:

(1) The fitting must have the required degree of reliability for the
specified service conditions.

(2) Of the infinite number of fitting designs meeting requirement (1),
the optimum fitting must be of minimum weight.

74



I.

Since digital computers can do no more than that which can be done on a desk cal-
culator, the advantage of a computer lies entirely in its speed and accuracy. It is there-
fore pertinent to consider the design time required for fittings in the absence of a high-
speed digital computer and the appropriate computer program. For a specific example,
assume that the designer is to establish the dimensions for a bolted fitting of the type
shown in Figure 35. He will be furnished the required design parameters:

(1) Maximum and minimum operating temperature and pressure

(2) Matching tube diameter, wall thickness, and material

(3) Thermal gradients

(4) External loadings (bending, axial, and torsional)

(5) Contained fluid or fluids.

A Diem

h

A43949

FIGURE 35. ILLUSTRATION OF INDEPENDENT DIMENSIONAL VARIABLES
IN A BOLTED FITTING

From the above the designer may select suitable materials for flanges, bolts, and
seal, based on suitability for the operating temperatures, compatibility with the fluids,
and possibly from the standpoint of weldability or brazability to the matching tube.
Having selected materials, the designer may now choose suitable allowable stresses for
the flanges and bolts. The next step requires the selection of seven more-or-less in-h dependent variables; i. e., on Figure 35 the dimensions t, gI, go, h, 1, A, and db.
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Having selected these dimensions, the designer may proceed with the following calcula-
tions, with a rough estimate of the time required (using a desk calculator or slide rule)
shown for each calculation:

Stress calculations 1 1mur
Displacement calculations 2 hours
Preload calculations 2 hours
Creep design calculations 3 hours

Upon completion of from about 5 to 8 hours' work (depending on whether creep is in-
volved), the designer will know whether the dimensions he has selected will provide a
satisfactory fitting, as indicated by the maximum calculated stresses being less than the
pre-established allowable stresses or, in the case of creep design, that the calculated
service life is adequate. If the fitting meets the design criteria (and after some exper-
ience, most designers can readily select dimensions so that the criteria are met) the
question arises: Is the fitting of minimum weight? That is, is there some other com-
bination of the variables t, gl, go, h, 1, A, and db which would also meet the design
criteria and would be of less weight? Unfortunately, there are no established analytical
relationships between the seven independent variables, the design parameters, and the
fitting weight. In order to answer the question, it is necessary to vary each of the seven
variables while holding the other six constant. Even for a very limited investigation of
the variable ranges, it is apparent that hundreds of calculations are involved, each of
which requires some 5 to 8 hours of design time. (For example, if only two steps are
used for each variable, the total calculations number 128. )

The value of the digital computer at this stage is obvious, since the computation
time involved could be reduced from hundreds or thousands of hours to a few hours. (A
reduction factor by use of high-speed digital computers of I to 100 is readily obtainable.)

Several degrees of sophistication in a computer program could be used. At one
extreme, a program which appears technically feasible would entail feeding into the
computer only the design parameters of tube size, design pressure and temperature,
external loads, thermal gradients, and material properties, the program being such
that the computer would automatically perform a series of iterations with various step
values of the independent variables, compute and compare weights, and eventually print
out the values of the independent dimensional variables which give a fitting of minimum
weight and its weight. While technically feasible, preparation of such a program is a
formidable undertaking.

On the other hand, a much simpler program could be developed in which the design
parameters and independent dimensional variables would be fed into the computer. The
computer would then compute and print out the stresses and weight for the particular set
of variables fed into the computer. Independent dimensional variables could then be step-
varied by the designer, each step reintroduced into the computer and successive steps
varied as indicated by the results of previous computations. This type of program
would be expected to give general indications of the relationships between the independent
dimensional variables, the design parameters, and the fitting weight, in addition to
specific optimization of a given fitting design. In the present state of the art, the
simpler program approach appears to be more practical.
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Although the design of a bolted fitting was used as an illustration in explaining the
use of a computer, threaded fittings are not excluded from this consideration. However,it must be recognized that design of a threaded fitting by a computer is more difficult

and the results will probably be less reliable in the absence of experimental verification.
This is true because such variables as thread friction, torque relaxation, and preload
control enter into the design process, and their varying behavior is not known as ac-
curately for a threaded connection.
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TUBE-TO-FITTING DESIGN

The tube-to-fitting connection must satisfy two major requirements: it must con-
tain the fluid with no leakage, and it must maintain structural integrity throughout the

design life of the system. The structural loads which the tube-to-fitting connection must
withstand are similar to many loads discussed in the section on fitting-to-fitting connec-

"tions and hence will not be discussed here in detail. The other design parameters will
be described.

Design Parameters

Reliability

Reliability of the tube-to-fitting connection is of such prime importance that the
method chosen by which this connection is made must assure repeatable joint integrity
within close limits. Ideally, reproducibility as established by statistical evaluation
should be adequate to preclude preliminary tests. However, some provision for visual
inspection is desirable to guarantee that all parts are assembled in their correct posi-
tion.

Weight

A permanent connection would be the most reliable type of joint and would result in

a mechanical fitting of least weight. This is especially true when the effects of the
connection on the tubing wall thickness are considered. Because the tubing may consti-
tute as much as 90 per cent of the total system weight, it is essential that its wall thick-
ness be kept as low as possible. If the tube-to-fitting connection is not a permanent
connection, as is the case with the flareless fitting, additional tubing strength must

be provided at the point of connection because of the stresses caused by the clamping of
the tubing wall. Practically speaking, this can be done only by increasing the wall

•- - thickness, with a resulting over-all weight increase.

Assembly

The tube-to-fitting connection must be simple to enhance its reliability and it must
"also be easily assembled. The method of making the connection must therefore be
relatively independent of tubing tolerances, surface finishes, surface cleanliness, and
operator skill. If this is not possible, a suitable technique or piece of equipment must
be developed which will satisfactorily reduce these to minor considerations.

Misalignment of the tubing within the system must be compensated for. The pro-
gram objectives were to provide a fitting which would tolerate 4" included angle mis-
alignment for fitting sizes up to and including 4 in.; l-l/2" for size up to and including
6 in.; and 1/20 for sizes up to and including 16 in. An axial misalignment capability

1/4 in. from center line was desired for all fitting sizes greater than 1 in.
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One approach was to use a ball-and-socket joint at the fitting-to-fitting connection.
Any such joint conceived, however, was excessively heavy. Within the fitting structure
the tube-to-fitting connection is the only other choice for misalignment compensation.
The misalignment of the tubes to be joined might be measured and compensated for in the
process of joining the tube to the fitting. Because the system will probably be fabricated
from a high-strength heat-treated material, not easily deformed or modified, it is possi-
ble that misalignment can best be compensated for by means of adjustable tubing
supports. In any case the tube-to-fitting connection must be designed to withstand these
imposed loads.

Material

Recent advances in metallurgy have provided alloys with very good strength-to-
density ratios. In the future, even better materials probably will be available. The
assembly method, therefore, should be such that new materials can be used with a mini-
mum of development work. Furthermore, the assembly method should not cause degra-
dation of the mechanical properties of the tube or fitting materials. Many of the newer
alloys, including the three selected for the improved fittings, attain their high strength-
to-density ratios because of heat treatment. This strength advantage is minimized when
excessive temperatures are applied to local areas. The thickness and hence the weight
of the fitting must then be increased in proportion to the reduction in material strength.

Candidate Joining Methods

Two kinds of joints were considered, namely, "hot" and "cold". Hot joints are
those which require an external source of heat, e. g., soldering, brazing, and the many
types of welding. Cold joints are those which require only mechanical energy, e.g.
swaging, roll bonding, friction welding, and high-energy welding.

Of the many types of joints considered, three are recommended for the tube-to-
fitting connection: brazed, hot welded, and explosive welded. However, unlike the
fitting-to-fitting connection, a configuration for the tube-to-fitting connection cannot be
derived readily by analytical methods within the present state of the art. Experimenta-
tion is necessary to define the critical parameters. Therefore in the following discus-
sion instead of presenting preliminary designs, the recommended methods for making
the tube-to-fitting connection will be described and the effect of these methods on the
final configuration will be discussed.

Brazing and Welding

Considerable work has been done by North American Aviation* on welded and
brazed joints for tubing for aerospace applications. The results of this work have been
reviewed in detail and have been found to be directly applicable to the problem of making
a satisfactory tube-to-fitting connection for improved missile mechanical fittings.
Many of the NAA procedures are illustrated in a paper by G. R. Barton, et al. , (26)**

and a full description will soon appear in an official report. The possible application of
these concepts to a mechanical fitting is discussed below.

* AF Contract No. 04 (611) -8177.

w Numbers in parentheses refer to references on page 92.
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Choice of Materials

Materials that are compatible with the welding and brazing operations must be
chosen. North American Aviation has reported that the materials recommended by
Battelle for mechanical fittings have been successfully brazed and welded by NAA as
part of their joint development effort. Therefore, no difficulties should arise because of
the materials selected.

Source of Heat

Heat sources selected by NAA include a modification of the standard induction
heating system for the brazed joint and the tungsten, inert-gas (TIG) process for the

fusion-welded joint. Although other heat sources may be used, the ones chosen offer the
advantages of being clean, neat, versatile, and, most important, easily controlled.
Very close control is necessary when heat-treated materials such as AM-350 are used,
to prevent the heat-affected zone from extending outside the fitting envelope.

Joint Fit-U!

Because OD tolerances of purchased tubing are too liberal, the tubing must be
sized before joining to insure correct braze capillary action and proper weld penetration

and heat transfer, and to insure the proper fit of the tube and fitting to withstand external
bending loads. Typically, total diametrical tolerances of 0. 002 to 0. 005 in. are
required.

Filler Material

In the NAA brazed joint, illustrated in the Barton paper( 2 6 ), brazing alloy reser-

voirs are provided to obtain optimum capillary flow during brazing. The brazing alloy
must be selected for structural strength, service temperature, and corrosion resistance
to the contained fluid. Nominally, its eutectic temperature should be at least 300 to
500 F above the expected service temperature(? 7 ). Fluid compatibility is unimportant in

fusion welding because there is no alien filler material present(26 ).

Cleanliness

To insure highly reliable joints, whether brazed or welded, all components must

be specially cleaned. It is also necessary to purge with a specially prepared inert gas
before, during, and after the application of heat because of the detrimental effect of sur-
face oxides.

Conclusions

In spite of some apparent drawbacks associated with North American Aviation's
hot-joining techniques, the probability of successfully satisfying the stringent require-

ments of joint integrity are much better for the immediate present with these methods
than with other methods or concepts suggested or studied. The need for sizing the tube
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for joint fit-up will necessitate a quality-control program. Special handling and assem-
bling procedures are also serious limitations. However, it is believed that such limita-
tions can be sufficiently overcome to make the brazed or welded joint a practical tube-to-
fitting connection. Furthermore, extensive field experience and experimentation should
lead to further refinements and simplifications.

High-Energy-Rate Welding

High-energy-rate welding is a process which utilizes high pressures for extremely
short periods of time to obtain a metallurgical union between two metallic parts. High-
energy-rate welding differs from high-energy-rate forming only in the magnitudes and
time-variant characteristics of the applied forces.

Two basic energy sources presently being utilized for high-energy-rate forming
are (1) the electrical energy stored in a bank of high-voltage capacitors, and (2) chemi-
cal explosives. No data have been found on the use of capacitor discharge for welding
metal, although the operation is theoretically possible. On the other hand, considerable
work has been done by several companies on the use of chemical explosives to weld
different metal shapes. Much of this work appears pertinent to the problem of making
satisfactory tube-to-fitting connections.

Chemical Explosives

Chemical explosives are classified into two general categories: low explosives and
high explosives. Low explosives, such as smokeless powder and black powder, have a
burning rate or deflagration velocity ranging from a few inches to a few feet per second
and can produce pressures in the order of 30,000 to 300,000 psi, depending on the
degree of confinement. High explosives, such as TNT, PETN, and dynamite have a
detonation velocity in the order of 6000 to 28,000 ft/sec and can produce pressures up to
about 4-million psi. Low explosives are normally used in enclosed systems where the
containment helps increase the impulse imparted to the workpiece. High explosives are
normally fired as bare charges in open s stems because the peak pressure is relatively
independent of the degree of confinement(2 8 ). Some characteristics of high explosives
are given in Tables 10, 11, and 12. From Table 11 the total energy available from 1 lb
of PETN is approximately 1. 74-million ft-lb (4. 35 x 105 x 4). With a typical conversion
time of 2 A sec, this is equivalent to approximately 1. 57-billion hp.

The total impulse imparted to the workpiece is represented by

•tf

I = Stf Pdt, (30)

where

I = impulse, lb-sec/in. 2
P = pressure, psi
t = time, sec.
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TABLE 10. CHARACTERISTICS OF HIGH AND LOW EXPLOSIVES (29)

Property High Explosives Low Explosives

Method of initiation Primary high explosives-- Ignition
ignition, spark, flame,
or impact

Secondary high explosives--
detonator, or detonator
and booster combination

Conversion time Microseconds Milliseconds

Conversion rate 6,000 to 28,000 ft/sec A few inches
to a few feet

per second

Pressures Up to about 4,000,000 psi Up to about
40,000 psi

TABLE 11. CHARACTERISTICS OF HIGH EXPLOSIVES( 2 9 )

Detonation Velocity, Maximum
Specific 1- 1/4-In. Diameter, Energy(a), Pressure(b),

Explosive Gravity ft/sec 105 ft-lb/lb 106 psi

RDX (cyclotrimethylene 1.7 27,500 4.25 3.4
trinitramine)

PETN .(pentaerythritol 1. 6 26,500 4.35 3.2
tetranitrate)

Pentolite (50 PETN/50 TNT) 1.6 25,000 3.17 2.8
TNT (trinitrotoluene) 1. 6 23,000 2.62 2.4

(a) Based on ballistic-mortar comparisons. Total energy would be four times these figures.
(b) At 1-1/4-in, diameter. Based primarily on the calculations by the methods of Cook. By Taylor's methods, this pressure will

be 10 to 20 per cent lower.

TABLE 12. PROPERTIES OF EXPLOSIVES( 2 8 )

Detonation Detonation
Specific Temperature, Pressure,

Explosive Gravity C 106 psi

RDX 1. 6 5450 375
PETN 1.6 5400 330
Tetryl 1.6 4400 290

Picric acid 1. 6 3900 265
TNT 1. 6 3900 225
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For a given impulse, which is proportional to the energy imparted to the work-
piece, the pressure-time relationship can take many forms. In explosive welding both
the total impulse and the pressure-time relationship are important. For example, if the
high-pressure loads are released too fast, the tensile stresses induced by the over-
recovery of the material may tend to distort or fracture the piece(28). Typical pressure-
time curves for low and high explosives are shown in Figure 36. The conversion time,
i. e. , the time required to convert a working amount of explosive into gaseous products,
is measured in microseconds for high explosives and milliseconds for low explosives(28).
To date, only high explosives have been shown to be applicable to welding operations( 3 0).

Explosive-Welding Variables

The variables that must be controlled in explosive welding are primarily those
affecting the velocity of the interface closure. If the developed interface angle and the
closure velocity are correct, welding occurs. In the case of tubular or concentric com-
ponents, interface angle and closure velocity can be varied by changing wall thickness,
charge density (amount of explosive per unit of surface area being welded), or the initial
clearance or separation at the interface. It is not necessary that all of these be vari-
ables if one or more can be changed to bring the system into proper balance( 3 0 ).

Two explosive-welding techniques are possible(Z8). In one method the parts are
placed in contact and are then subjected to a load applied normal to the surface to be
welded in an underwater standoff operation. This method is applicable mainly to flat
plates. In the second method, which is applicable to flat plates and tubular components,
the parts are not initially in contact. This is the method discussed below.

When an explosive detonates, there is a finite time during which the detonation
travels symmetrically outward from the initiation point. For a line charge set off at one
end, the detonation progression is, of course, along the length of the line. For example,
Figure 37 shows a linear charge, consisting of a stick of dynamite, detonating under
water. The V-shaped shock wave produced is essentially a conical front around the
explosive( 3 1). The effect of the shock wave is apparent in the displacement of the sus-
pended wire.

The principles of explosive welding can be illustrated by the system of plates
shown in Figure 38. As the detonation progresses along the sheet of explosive, a shock
wave and gas cloud are produced. For high explosives not in contact with the workpiece,
the major portion of the usable energy is provided by the shock wave, whereas for low
explosives the gas-cloud pressure provides a major portion of the usable energy. The
velocity of the shock wave in the direction perpendicular to the plate is essentially the
velocity of sound in the transfer medium between the explosive and plate. In the space
immediately adjacent to the explosive the velocity will be much greater due to the rapid
expansion of the gaseous products. With contact charges the gaseous expansion also
adds to the usable energy transfered to the workpiece.

Figure 39 depicts the manner in which the peak pressure at the workpiece may be
varied as a function of charge size and standoff distance. An explosive with a detonation
velocity of 25,000 ft/sec was used in constructing these curves on the basis of the
following equations( 2 9 ):
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FIGURE 36. TYPICAL TIME-PRESSURE PROFILES FOR LOW AND HIGH
EXPLOSIVES(Z9)
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FIGURE 37. LINE CHARGE DETONATING IN WATER( 3 1 )
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FIGURE 39. EFFECT OF CHARGE SIZE AND STANDOFF DISTANCE ON
PEAK PRESSURE( 2 9 )
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P d K1 (31)
i• and

(w/15-fvd, (32)

S where

P = peak pressure, psi
W = weight of explosive, lb
R = distance from explosive, ft
K 1 = constant which varies with the explosive
S= constant which is generally equal to 1. 15
Vd = detonation velocity of explosive, ft/sec

It is not necessary to perform the welding operation in water. However, the
constants in Equations (31) and (32) must be modified where air is the transfer medium.
The peak pressure with air as the transfer medium will be approximately 30 per cent of
the peak pressure with water as the transfer medium.

Figure 40 shows the effect of the transfer medium and the standoff distance on the
peak pressure at the workpiece. If a charge were detonated at the end of a tube, the
peak pressure would diminish along the length of the tube as shown. Therefore, a piece
of equipment 3 ft from an explosive charge equal to 4 lb of TNT would be subjected to a
pressure of only 500 psi in air.

The shock wave, as it progresses (Figure 38b), imparts an impulse load to the
plate. The velocity of closure, Vc, is much smaller than the velocity of detonation, Vd,
and hence the plate, as it deforms, forms the interface angle, e, between the stationary
plate and the moving plate.

The developed interface angle, 9, will depend on the relative magnitudes of Vc and
Vd and the initial clearance between the two plates. As the initial clearance between the
plates is increased, e becomes larger. For a given type of explosive, the detonation of
velocity, Vd, is a constant. The closure velocity, Vc, which is a function of the total
energy delivered to the upper plate, can be varied over a wide range by changing the
charge density, the upper plate thickness, and the charge standoff distance. The closure
velocity also depends on the density and dynamic yield strength of the upper-plate mate-
rial. Variations in the charge density and standoff distance change the peak pressure and
hence also change the total amount of energy delivered to the workpiece.

The total energy delivered to the workpiece is expended in three ways. Part of the
energy is used to overcome the material inertia, part causes deformation of the upper
plate, and the remainder causes the plate to accelerate. The final closure velocity is a
function of the acceleration of the plate. Any parametric change that affects the percent-
age of total energy left for acceleration of the plate will also cause a change in the
closure velocity. Hence, an increase in plate thickness, material density, or dynamic
yield strength will diminish the closure velocity.
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In much of the past work on explosive welding, the interface between the two plates
has been evacuated. However, it has been shown that evacuation is not necessary to

obtain welding. The principal advantage to be gained from evacuation is the reduced
compound formation when dissimilar materials are being welded. However, even in

* cases in which dissimilar metals are Joined, the small amount of compound formation
1. usually has little effect on the strength and integrity of the joint.

* Experience has shown that the explosive welding process is not sensitive to surface
cleanliness or roughness. Degreasing and wire brushing are usually the most stringent
surface preparations necessary. Welds have been obtained even without the wire brush-
ing, and it has been reported that degreasing is unnecessary( 3 1, 32). A series of

experimental runs at Battelle on the explosive welding of Zircaloy-2 tubing to Type 410
stainless steel tubing indicated that changes in the surface finish in the range of 300 pJin.
rms to 1500 pin. rms had no effect on the accomplishment of a weld( 3 3 ). A Type 304
stainless steel sleeve with a 100-pin. rms finish was successfully welded to the inside of
a Type 304 stainless steel ring with a surface finish of 30 Ain. rms.

Characteristics of Explosively Welded Joint

Among the principal advantages of explosive techniques are the absence of heat-
affected zones, the absence of excessive compound formation in cases in which the
welded elements are dissimilar metals, the lack of effect on the mechanical characteris-
tics of most materials, the ability to treat large areas and geometries which present

difficulties with other processes, and the relatively small and simple equipment
required(2 9 , 30).

Mechanical fittings which utilize a replaceable seal are particularly susceptible to

the effects of heat applied near the seal surface because of the tendency for the seal sur-

face to warp under nonuniform heating. A rule of thumb states that a fusion weld should

be a distance of 2 */-i from the sealing surface, where D is the tube diameter and t is

the tube-wall thickness. The temperature necessary to fusion weld or braze may also

affect the strength of the material, as previously discussed. An explosive weld, because

of the low amount of heat generated, and because of the symmetrical nature of the

forming process, would minimize the warping problem.

When dissimilar metals are fusion welded the relatively large melted zone causes

considerable compound formation. Again, because there is no melted zone with explo-

sive welding, this problem is minimized.

Figure 41 shows four possible arrangements of tube, fitting, and explosive.
Figure 41a shows the working explosive charge in contact with the inside of the tube.
The working charge is set off by means of the detonating cap attached to an explosive
leader, which is tented so that the detonation progression of the working explosive is

symmetrical with the tube axis. Figure 41b shows a line charge placed on the axis of
the tube. A modification of Figures 41a and 41b in shown in Figure 41c, in which the
working explosive is wrapped on a mandrel centered in the tube. Variations in mandrel

diameter would vary the charge standoff distance. With a given total explosive charge,
the peak pressure at the tube would be a maximum in Figure 41a, and a minimum in
Figure 41b. Any pressure between the maximum and minimum could be obtained by
means of the configuration in Figure 41c. An externally placed explosive charge is

shown in Figure 41d. Again, a tenting arrangement is provided to obtain the proper

detonation progression.
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In each of the configurations in Figure 41 it would be possible to make the explo-
sive into a package that could be inserted and set off by semiskilled personnel. The only
other equipment needed for all fittings would be a battery detonator no larger than a
lunch pail and a length of wire to lead from the detonator to the detonating cap. For
some fittings, depending on the tube wall thickness, the size of explosive charge, and the
configuration, it might be necessary to provide internal or external backup dies to pre-
vent excessive deformation of the tube and/or fitting.

Because of the possibility of developing a "package" for a particular size fitting,
an explosively welded joint should be extremely reliable.

Conclusions

Although adaptation of the North American brazed or welded joint appears to be the
best method of achieving a reliable tube-to-fitting connection in the next year or two, it
is believed that an explosively welded joint might be a significant improvement for intro-
duction at a later date. For this reason it is recommended that further research be
pursued to determine the general problems of explosively welding AM-355, 17-4PH, and
Rene'41, which are the materials selected for use in improved fittings. It is difficult to
estimate the proper size range that future development should be concerned with because
economic and logistic considerations are as important as the safety of the operation and
the technical feasibility. At Battelle, a 3 -in. -diameter Zircaloy tube with a wall thick-
ness of 0. 045 in. was successfully welded to a stainless steel header with a 45-gram
charge of PETN. This appears to be a reasonable estimate of the conditions that might
be encountered in making a 3-inch welded tube-to-fitting connection, and this size of
charge probably represents the maximum that could be readily handled.
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SEAL DESIGN

The seal poses the most difficult design problem of the fitting. The required
service-temperature ranges preclude the use of a nonmetallic seal except for Class I
fittings, and experience with metal seals has not resulted in clearly defined understand-

ing or agreement among designers on the sealing mechanism of metal seals. Unfortu-
nately, analytical studies do not appear to provide the necessary information, and lab-
oratory studies have not been conclusive because of the predisposition of the evaluators
or because of the small sample sizes tested. The failure data from the field have been
sufficiently limited that field experience has not contributed significantly to a solution of
the sealing problem.

The studies and evaluations performed in Phase I have resulted in the selection of
three types of seals which offer sufficient potential to be considered for Phase 11:

0 Pressurized O-ring

* High-energy- rate formed

* Mechanical toggle

The first is conceptual, and its feasibility is yet untested. Considerable experi-
mental evidence exists to support the basic mechanism of the second, but a promising
configuration has yet to be conceived. The third is available in commercial fittings, but
the configurations have not met with wide acceptance. The seal-design parameters are
first discussed and then the recommended seals are described.

Design Parameters

An understanding of the problems involved in attaining a helium-tight seal is de-
pendent on the analysis of certain factors known to affect leakage when the seal is initially
established as well as after the seal is established. These factors include (1) the geom-
etry of the leakage path and the nature of the leakage flow, (2) the magnitude of the seat-
ing loads needed to produce an initial seal, (3) the plastic flow of the seal material,
(4) the interaction of sealing members, and (5) the effects of temperature. Also in this
section, a brief discussion is given of the design thinking in relation to pressure-
energized seals.

Leakage Analysis

The flow of a viscous fluid through the seal interface can be analyzed on the basis

of laminar flow if the mean free path of the fluid's molecules is less than the height of the
smallest passage along the leak path. If the mean free path is the same order of magni-
tude as the passage height, molecular flow results, and a correction for slip flow along
the wall must be applied to the laminar-flow analysis. A more detailed analysis is
presented in Appendix V. In general, the flow may be considered laminar if

< 1.0 , (33)
h
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where

x
- = Knudsen numberh

X = mean free path of molecule

h = passage height.

If the Knudsen number approaches 1. 0 it is still possible to analyze the flow on the
basis of laminar flow by use of a correction factor which is a function of the Knudsen
number.

h

A-43919

FIGURE 42. MODEL OF TYPICAL LEAKAGE PATH

The narrow slot in Figure 42 represents a typical flow passage. Flow takes place
at velocity V in the direction of the length, 1. The width, s, corresponds to the periphery
of a circular seal and h is the passage height. For the case where flow is laminar, the
mass-flow equation in terms of the discharge pressure is

ML-sh3[(E±) - P? P2pML P24• (34)

where

ML = mass rate of flow

P 1 = inlet pressure

P 2 f discharge pressure

P 2 = discharge-gas density

n= viscosity.
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For molecular flow, the mass-flow equation is
16sh 2 (PI - P?)PavuX

Mm - 97r T)RT ) aS.(35)

or more simply,

Mm = 6.8 ML . (36)

When the flow is neither laminar nor molecular, i. e. , for Knudsen's number close

to 1. 0, the flow equation of state is defined as

MT = ML + EMm (37)

where E is a constant found experimentally to be approximately 0. 9 for single gases and
0. 66 for gaseous mixtures( 3 4 ). The total flow, by substitution of Equation (36) and the
value of 0.9 for E, is

MT = ML(I + 6.1-) (38)
h

This expression holds when the mean free path is evaluated at the average pressure in
the passage.

The above expressions indicate the important effect the length and height of the
leakage path have on flow rate. For both the laminar and molecular flow conditions, the
rate of flow is inversely proportional to passage length. Therefore, one conclusion is
that the seal passage should be of considerable length. However, increasing the length
of the seal passage is a severe handicap from the viewpoint of seating loads and minimum
assembly torque.

The effect of the second parameter, height, makes it obvious that the degree of
surface conformity is extremely critical. In the case of laminar flow, mass rate of flow
is dependent on the cube of the passage height, whereas in molecular flow it is dependent
on the square of the passage height.

Because of the random variations in surface profile, the best measure of required
average passage height for seals capable of sealing jases would be in microinches or
angstroms, where one angstrom equals 3. 937 x 10"A in. Extrapolation of leakage-rate
charts( 3 5 ) indicates that a passage height ranging between 0. 25 and 25 A is required to
seal helium gas at 10, 000 psi, with a leakage rate no greater than 7. 7 x 10-7 atm-cc/sec.
This is the maximum allowable leakage as defined for the project.

Seating Loads

A basic problem in designing a metal-to-metal fluid seal is the determination of the

"seating load", i. e. , the load required to produce intimate contact between the sealing

surfaces initially. The problem is essentially the same whether the seal is pressure
energized or not and is independent of operating pressures or external loads.

*Numbers in parenthesis denote references listed on page 115.

97



Below are some of the factors that must be considered in determining seating loads:

(1) Seal Design. The seal width largely determines the magnitude of the
seating load, since seating load is a function of sealing area.

(2) Metal Properties. The hardness, compressive yield strength, and
strain-hardening characteristics of the seal material will determine
the unit stress necessary to effect a seal.

(3) Surface Properties. The surface finish determines the total amount
of yielding necessary to close all leak passages. Gross distortion
such as waviness and warping is ordinarily a minor problem but can
become serious when processes which cause distortion, such as
welding, brazing, and swaging, are used to effect the tube-to-fitting
connection.

(4) Contained Fluid. The viscosity, density, surface tension, and state
of the contained fluid determine the maximum size of leak path which
can be tolerated.

(5) Pressure. The pressure, which affects the rate of flow through a
passage, also determines the maximum size of leak path acceptable.

(6) Allowable Leakage Rate. Obviously, as the allowable leakage rate is
lowered, higher seating loads may be required to reduce the size of
the leak paths.

A widely used set of gasket seating-stress constants are those given in the ASME
Code for Unfired Pressure Vessels.

Seating Stress(a),
Material psi

Soft aluminum 4,400
Soft copper or brass 6,500
Iron or soft steel 9,000
Monel or 4 to 6 per cent chromium 10,900
Stainless steels 13,000

(a) Gaskets not over 1/2 in. wide.

These gasket constants are based on experience and rather limited test data and are
justified( 3 6 ) principally on the observation that flanged joints when designed on the basis
of these constants almost always work satisfactorily.

In addition, it should be noted that the gasket stresses are interrelated with a
comparatively low bolt design stress so that, in actual installations, considerably higher
stresses can be and probably generally are applied.

A gasket stress of 30,000 psi is suggested for stainless steel flared fittings for
sealing helium. (37) This is roughly double the ASME Code value. However, the Code
value is possibly based on experience with liquids and gases for which low leakage rates
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were not objectionable. It might be noted that flared fittings, usually satisfactory with
liquids, have seating stresses as follows:

Nominal Seating Stress,
Size psi

3 37,000
4 36,000
5 33,000
6 37,000
8 26,000

10 25,000
12 18,400
16 15,700

On the basis of the literature, the larger sizes of flared fittings, 8 and up,
apparently are especially troublesome when attempting to seal helium.

The preceding discussion was concerned with seating stresses for flat metal
gaskets. The axial load can be reduced by using a very narrow gasket until, as a limit,
a line contact is obtained, at least initially. The question arises as to what seating load
is required for line-contact gaskets. For stainless ste,.1 O-rings used for sealing helium,
an average seating load of 1000 lb/lineal in. is suggested. (38) One design method for
flanges with lens-ring gaskets is based on about 3000 lb/lineal in. Some approximate
calculations on probable loadings on pipe unions also give seating loads in this general
range.

Plastic Flow

The previous discussion of seating loads was based on gross effects and on data
gathered from experience. Another approach to the problem is a consideration of micro-
scopic effects at the seal interface. Because plastic deformation of the surface asper-
ities is considered essential to achieve the surface conformity required to seal helium,
an analysis of seating loads can be based on the phenomena of contact resistance and
plastic flow of metals. Although the phenomenon of local plastic deformation of surface
asperities has been investigated extensively, neither an exact nor consistent determina-
tion of the phenomenon is available. It has been shown, however, that the seating force
applied should be greater than that obtained by merely multiplying the yield stress of the
material by the surface contact area. Exactly how much greater this force should be is
not known; estimates range up to 3 times greater.

Temperature Effects

Two temperature effects of particular importance are the steady-state effect at the
temperature extremes and the transient effect during temperature changes. Dimensional
changes due to temperature occur axially, radially, or both, depending on the configura-
tion of the seal. Typical configurations are shown in Figure 43. Seals may contain
variations or even combinations of these basic seal configurations.
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a. Axial Seal b. Radial Seal

A- 43920

FIGURE 43. AXIAL AND RADIAL SEALING CAVITIES

At a temperature extreme, if the seal and the flanges are made of dissimilar ma-
terials, the sealing pressure may increase or decrease due to relative expansion or

contraction of the seal and the structural components of the fitting. The actual changes
depend on the location of the parts and their thermal coefficients or expansion. At ele-

vated temperatures the effects of creep must be considered. The magnitude of the initial
axial preload must be sufficient to compensate for these effects. Axial preload is a

minor consideration in a radial seal, but the seal must be elastically deflected initially
and must be able to follow up when dimensional changes occur.

Large thermal gradients, caused by transient thermal states, aggravate the prob-
lems described above. In addition, thermal gradients are more likely to cause a mo-

mentary shifting of the sealing surfaces, and this may destroy the surface mating which

was achieved when the fitting was originally assembled and one material yielded against

the other.

Pressure Energization

The concept of a pressure-energized metal seal has become increasingly popular.

Many new seals and fittings have been designed which incorporate this principle. Bas-
ically, it is postulated that by elastically deflecting "cantilevered" legs a sufficient
amount when the fitting is initially assembled, the seal can breathe with the system as
the sealing load relaxes. Relaxation could be caused by pressure end loads, vibration
or reverse bending, creep, thermal gradients, or torque relaxation. Further, as the
system pressure increases, more force is applied to the deflectable leg by the pres-
surized fluid, thereby causing additional sealing force.

The major problems of using a pressure-energized seal for the improved fittings
are related to the temperature range required, the fluids handled, and the low leakage
requirement. While a nonmetallic material might be used as a seal in a Class I fitting,
a major program objective is to obtain a seal for -425 F to 1500 F. Such a seal must be
metal. Further, because of temperature problems and fluid-compatibility problems, it
appears that the softer metals such as aluminum, copper, and gold may not be suitable.
Thus, any candidate seal material, such as nickel, has a fairly high yield stress. As
explained previously, the seal pressure needed to seal helium is estimated to be up to
three times the yield stress of the softer material.

The strength necessary in a cantilever leg to seal helium can be provided with
present materials only by designing a stiff leg with low deflection. In a commercially
available seal using several such legs to increase the deflection, the total deflection is
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of the order of 0. 005 in. Manufacturing tolerances and thermal gradients make this low
movement difficult to design for. The use of this and similar seals has resulted in dif-
ficulties for temperature ranges similar to Class I. For temperatures ranging from
-425 to 1500 F it is believed that it will be exceedingly difficult, if not impossible, to

apply a cantilever seal satisfactorily with acceptable manufacturing and assembly
tolerances.

A further complication of the cantilever seal is its normal tendency to move
slightly. For many applications this movement is not harmful. For sealing helium, a
very slight movement of one surface relative to the other probably will destroy the
minute surface conformity obtained by yielding one material against the other. It is
believed that a satisfactory seal must be designed to be stationary and firmly clamped
in place.

Conclusions

Of all the parameters discussed, the one which influences and predetermines the
seal and fitting design most is that concerning plastic yielding at the sealing surface.
Once it is concluded that plastic yielding is essential for sealing helium, the choices
available as to the size of the sealing area, the amount of preload, and the choice of
materials become limited. The conclusions drawn can be summarized as follows:

(1) The effective height of the sealing passage must be of the order of
0. 25 to 25 A. This surface contact can be achieved only by plastic
yielding of one or both surfaces. To effectively reduce the seating
load, a relatively low-yield-strength metal such as nickel might be

used as a surface coating on the seal.

(2) An initial seating stress possibly as high as three times the yield
stress of the gasket material is necessary to achieve the desired
degree of yielding.

(3) A pressure-energized seal may not be necessary, or even desirable.

Pressurized Metallic O-Rings

Present Theory

The sealing force generated between the walls of a standard metallic O-ring and
the walls of the flange is a function of the spring constant of the toroidal configuration of
the O-ring and the properties of the material of the ring. The presently accepted theory
defining this operation is that upon flange closure, the contacting surface of the O-ring
is plastically deformed into the seal cavity. The combination of the spring-back re-
siliency of the ring and the action of the fluid pressure on the exposed surface of the ring

(see Figure 44a) tend to further force this deformed surface against the flange walls.
This produces a significant contact stress between these two surfaces %..ich, being
greater than the fluid pressure, acts as an efficient seal.
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The spring-back resilience of this configuration can be increased by using the
pressurized metallic O-ring (Figure 44b) or the self-energized metallic O-ring (Fig-
ure 44c). In both, pressure inside the O-ring increases the ring's spring constant and
its spring-back resiliency after plastic deformation has taken place. The self-energized
0-ring has the further feature of allowing an increase in pressure inside the ring as the
pressure of the fluid to be sealed increases.

a. Standard Metallic O-Ring b. Pressurized Metallic0-Ring c. Self-Energized Metallic
O-Ring

FIGURE 44. PRESSURE FORCES ACTING ON VARIOUS
TYPES OF METALLIC O-RINGS

These sealing methods have been shown to be successful for many applications.
However, where high temperatures or severe induced vibrations or bending loads are
encountered, leakage will almost invariably occur. It would appear that in the case of
elevated-temperature operation the change in material properties of the 0-ring material
becomes a definite parameter. As the temperature is raised, both the yield stress and
the elastic modulus of the material are lowered. These changes have the effect of de-
creasing the spring constant and the spring-back resiliency of the ring. Such decreases
will result in a reduction in the contact stresses found at the interface of the sealing
surface and so reduce the sealing capabilities.

New Design Principle

With this in mind, a seal design is postulated which could operate successfully in
the elevated-temperature range. This concept, which might be called a plastic-state
O-ring (illustrated in Figure 45), utilizes to advantage the change in material properties
of the ring at elevated temperature.
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FIGURE 45. INTERNALLY PRESSURIZED O-RING

When assembled, the O-ring is fitted into a cavity which supports the torus in all

directions. In order to compensate for tolerances it may be advisable to make the cavity

and the torus dissimilar in cross section. When the flanges are assembled and the tight-

ening preload is applied, the torus will be deformed to conform to the cavity geometry,

and metal-to-metal contact will be obtained. Included inside the O-ring torus is a gas-
emitting crystal or a low-energy pyrotechnic. The gas-producing reaction would be

initiated after the fitting is completely assembled and torqued.

Since the gas in the ring is completely sealed in a fixed volume, the change in pres-
sure of this gas would be a simple function of the operating temperature of the fitting (see

Equation 40); a rise in temperature would induce a rise in pressure.

The material of the 0-ring should be so chosen that when the operating temperature

of the fitting is increased, its elastic-stress capability is drastically decreased. If the

O-ring material and the type and volume of gas in the O-ring are carefully selected, a

point somewhere below the normal operating temperature of the fitting will be reached

where the O-ring is in a fully plastic state. This can be clearly seen if we consider the

O-ring - flange configuration as a cylindrical pressure vessel with an infinite outside

diameter and an inside diameter equal to that of the O-ring. In this consideration, of

course, the curvature of the ring as well as the large but finite thickness of the flange

wall as compared with the 0-ring inside diameter are neglected. However, for a close

approximation this assumption serves adequately. The point at which the inner fibers of

the wall become plastic will be reached when the internal pressure equals 0. 577 0 y (yield

stress at any given temperature of the material as determined from a simple uniaxial

"tensile test). This criterion is derived from the maximum-distortion- energy-criterion

of failure for material, sometimes called the Hencky-von Mises criterion.

"Noting that the wall of the O-ring is very thin, we can further assume that the tube

will be fully plastic when the pressure is slightly greater than 0. 577 T Y
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The action is qualitatively illustrated in Figure 46.

Elastic zone Plastic zone

Temperature, 
F

FIGURE 46. PRESSURE- TEMPERATURE- YIELD STRESS RELATIONSHIP
FOR 0- RING SEAL

The internal pressure, P, is defined as

P =p ZRT , (39)

where

p = gas density

Z = compressibility factor

R = universal gas constant

T = absolute temperature.

Assuming that the internal volume is essentially unchanged and discounting the com-
pressibility factor,

P. = C T-, (40)
P 2  T2

where C includes the p, Z, and R terms. Therefore the internal pressure increases
linearly with the change in temperature ratio.

In this situation the high internal pressure is contained in a fully plastic O-ring
which is in turn fully contained by the walls of the seal cavity of the flange. As long as a
there is no separation of the flange faces the tube cannot blow out, since there is no place
for the tube material to go. In fact, as long as the flange faces stay in contact the
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internal pressure in the ring could still be raised significantly (as would occur with a

"further increase in temperature).

The advantages of this concept are: (I), that in the fully plastic state the O-ring

material, under the action of the high internal pressure, will flow into the small surface
discontinuities of the seal-cavity walls, thereby forming a seal that should be effective
in stopping even molecular leakages, and (2) with the advent of the relaxation of the
flange prestress, which is encountered at elevated temperatures, the high contact stress
required to maintain this close interface fit is achieved by the action of the internal pres-
sure. A serious disadvantage would be encountered if this type of seal were to be ex-
posed to conditions where the temperature variation would be cyclic, resulting in a
condition where the O-ring would vary between the plastic and the elastic state. Such a
condition could adversely affect the physical properties of the ring material, resulting
in a low-cycle fatigue phenomenom and early ring failure.

Conclusions

As presently conceived, the O-ring would not become plastic until some elevated

temperature was reached. The primary reason for this requirement is to prevent rup-
ture at room temperature and to permit safe handling at assembly and disassembly of the
pressurized O-ring. Therefore, the seal could be primarily of use for high tempera-

tures and might be considered only in the role of a secondary seal. In the plastic zone
there would be no significant time lag, as the seal breathes with the strain fluctuations
and essentially a steady state condition would exist. Probably the most advantageous
application would be in sealing hot gases for Class V fittings where temperatures range
from 1000 to 3000 F. Development of an O-ring seal that could operate in this tempera-

ture range will require utilization of metals with very high melting points. Tantalum
seems to be a possible choice. In the lower temperature range, 600 to 1500 F, nickel
or copper could be used.

Aside from the temperature ranges, one other limitation must be emphasized. As
previously indicated, when the 0-ring is in the plastic zone the flange separation must be

kept below a few thousandths of an inch to prevent rupture or blowout.

High-Energy-Rate Formed Seal

Considerable experimental evidence has been developed concerning the conformity
of one metallic surface with another when caused by high-energy rate forming. As dis-
cussed in the section "Tube-to-Fitting Design", explosive energy has been used to ac-
hieve a good mechanical bond, equivalent to a weld, between several kinds of metals
either flat or tubular in configuration. On the basis of an analysis of this work, it was
believed that the surface conformity needed to seal helium could be easily provided by
high- energy- rate forming.

Two basic configurations were envisoned as a means of applying explosive energy
to the formation of a seal in a fitting. The first was an internal formed seal in which the
expanding explosive force would be used to seal a sleeve against the inside of the fitting
parts. This configuration would make the best use of the available energy, but a problem

existed in the contamination of the fluid system by the explosive. The second configuration
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was an externally formed seal which would collapse radially or seal against the flange
faces. Because it was difficult to postulate the energy needed to achieve adequate
conformity for the possible configurations, preliminary laboratory experiments were

made to obtain a general idea of the effect of different amounts of explosive on basic
seal shapes.

Experiments Performed

Seal formation by means of an internal explosive charge was investigated with the
configuration shown in Figure 47. The ferrules, representing the stub-end portion of
the fitting attached to the tubing, were separated by a spacer ring which would be used
to facilitate disassembly. The seal ring was expanded by means of an explosive charge
to form a seal between the ferrules. The mandrel diameter upon which the explosive
charge was mounted was changed in successive experiments to provide variations in the
standoff distance.

Use of an external explosive for formation of the seal was investigated by means of
the configuration shown in Figure 48. The explosive was contained in a groove machined
on the outside diameter of the seal ring. The walls between the flanges and explosive
were approximately 0. 010 in. thick, and it was hoped that these walls would be sealed
against the flanges.

Description of Results

For the internal explosive charge, five experiments were made with various size
mandrels. The mandrel size determined both the total charge and the standoff distance.
In all cases the seal ring was displaced slightly in the direction of the detonation progres-
sion, that is, from right to left as shown in Figure 47. Figure 49 is a photomicrograph
of Area B in Figure 47, polished and etched. Excellent conformity was achieved between
the seal ring and the spacer ring and ferrule. Figure 50 is a photomicrograph of Area C
polished but not etched.

Eight experiments were made with the external explosive-charge configuration.
The original attempt was to form a seal at,PointA in Figure 51. However the best bond
occurred at Point B. Evaluation will show that this is a reasonable result, since Poisson's
effect is most pronounced at Point B when the seal ring is under a high external load,
as shown in Figure 52. The thin seal flanges shrouding the explosive were too flexible
and probably sprang back after the explosive pressure was dissipated.

However, when the force, w, is high, as in the case of an explosive charge, the
actual strain, eZ, is much greater than the elastic strain and a considerable seating load
is applied from the seal to the flange face.

Possible Externally, Explosively Formed Seal

The design concept shown in Figure 53, although preliminary in nature, illustrates
the basic premises on which an external high-energy seal might be based.
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FIGURE 47. CONFIGURATION FOR INTERNAL-CHARGE SEAL EXPERIMENT
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FIGURE 48. CONFIGURATION FOR EXTERNAL-CHARGE SEAL EXPERIMENT
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FIGURE 51. EXTERNAL-EXPLOSIVE SEAL
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FIGURE 52. POISSONIS EFFECT ON SEAL RING
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A-43926
FIGURE 53. EXTERNAL EXPLOSIVE SEAL

A major consideration is the blowout effect of the internal pressure. The seal

ring must be thick enough to withstand the developed hoop stress. Also, the initial

strain on the seal interface must be sufficiently greater than the pressure-induced hoop

expansion to maintain sufficient surface contact. The primary seal is developed at

Point A because of the combined effects of initial preload, Poisson's ratio, and over-

center tin canning. A secondary seal can be developed along Surface B. This secondary

seal is highly desirable to reduce the force of the fluid acting on the seal and tending to
blow it out. The overhanging lips at A also add structural support to the seal ring to

prevent blowout.

Initially the seal ring is clamped between the flanges, which bottom out as in Fig-

ure 53. The ring can be made to bow under this clamping force to compensate for manu-

facturing tolerances and discrepancies. In the example illustrated a contact explosive

charge, Point 2, is used.

The assembly preload is predicated on the eventual structural load requirements,

since the effective seating load will result from the high-energy discharge. The seal

ring is deformed by the high-energy discharge and is pushed over center. The insertion

of a transfer buffer at Point 2 may be necesary. A support die might have to be assem-

bled onto the fitting to prevent stretch and expansion of critical sections and subsequent

distortions and strain relaxations.

Other energy sources such as capacitor discharge or magnetic pulse might be used
as a means of applying more than one sealing impulse. With this arrangement, a leaking

seal could be tightened without disassembling the fitting.

Conclusions

It would be possible to use an internal explosive charge to form a seal if a method

could be found to initiate the detonation without the need for lead wires. An exceptionally

intimate bond is possible along the seal-retainer interface when a reasonable amount of

explosive is used. Moreover, the problem of personnel safety and possible damage to
surrounding equipment can probably be overcome. However, a major problem for which

no immediate solution appears likely is the degree of contamination of the internal sur-

faces caused by the explosive materials.

Although the use of external explosive charges to form a seal would eliminate the
contamination problems and allow easy detonation, further experimentation is necessary

on selected configurations before the feasibility can be shown.
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Mechanical Toggle Seal

Unlike the self-energized 0-ring or the high-energy-rate formed seal, which may
be termed "exotic", the mechanical toggle seal is conventional in principle. Seals of
this type are commercially available and have attained some measure of success in
missile systems; especially in low-pressure gas ducts. Even the ferrule on the MS-
flareless fitting may be termed a toggle type seal because of the elastic bowing of the
ferrule.

A toggle seal can have many forms, but for illustrative purposes the standard
Belleville-type disk spring will be considered as a typical case. The seal is strictly a
mechanical device, and no auxiliary energy sources help actuate the seal. Because of
this, considerations of torque and preload are major factors not only in the seal design
but also in the subsequent design of the over-all fitting. Other design factors that must
be considered are seating-force magnification and the amount of axial relaxation that the
seal can accommodate.

Seating Action

In Figure 54a, a toggle seal is shown when the seating load is first applied. The
position of the seal after assembly is shown in Figure 54b.

o. Before Assembly b. After Assembly

A-43927

FIGURE 54. SEATING ACTION OF MECHANICAL TOGGLE SEAL

As member B travels axially from right to left the resultant seating force, R, ro-
tates through the angle (ca-A). The axial seating force, Fs, increases as the seal is ro-

tated, first to create elastic strain and then to cause plastic yielding. However, after
plastic yielding commences, the force, Fs, is relatively constant. Because the seal is
fully restrained at both the inside and outside diameters, there will be plastic yielding
along the length, 1, if the seal does not buckle or bow.
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The elastic limit may be reached when the seal has rotated through only a few de-
grees, depending on the configuration and support of the seal element. Plastic yielding
then can occur during the major portion of the travel. This feature is a distinct advan-
tage because dimensional discrepancies can be overcome more readily. When finally
assembled, the angle a should be less than 90° or removal of the seal will be difficult.
The total angular rotation desired from the point of initial contact depends primarily on
the manufacturing tolerances.

One problem encountered with this type of toggle seal is the rotation that occurs at
the sealing surfaces. The area of contact shifts as the seal rotates. This means that
the seal location is constantly changing as the rotation progresses, and the final contact
area is determined only when the seal is seated in its final position. Moreover, the
movement between the seal and the retainer is not pure rotation. Smearing of the seal-
ing surfaces may occur because of sliding. This problem might be alleviated by design-
ing the element to bend against the flange faces prior to yielding so that rotation takes
place almost entirely within the seal element. Another means of counteracting the rota-
tion problem might be to make both the seal lands and retaining cavities rounded. Neither
of these techniques will probably completely overcome the smearing effect, but the
plastic state of the seal face will probably cause it to fill the asperities adequately. This
is especially true if one of the sealing surfaces is coated with a soft metal like nickel.

Force Magnification

The greatest advantage of the toggle seal for sealing helium is the effect of force
magnification. In Figure 55 the force relationship on the toggle seal is compared to a
flat metal washer. In the case of the flat washer the force, F2, needed to exceed the
elastic limit must be greater than (a-.. A 2 ). Assuming that the toggle seal is of the same
material and that Aj equals A2, then R must approximately equal F2 at all times. How-
ever, Fl, the axial force, is only equal to R sin e.* Therefore, the axial force needed
to seat the toggle seal is less then the corresponding force needed with the flat washer,
and the input torque is also less. In itself, this feature is significant only where pre-
load is determined by seating-load rather than structural-load requirements. However,
even when preload is predicated on structural loads, the additional axial force can be
used effectively by increasing the seating area to its maximum limit. This can be
beneficial since a longer seating surface will (1) improve the seal, according to leakage
path analysis, and (2) minimize the effects of local, minute scratches and nicks on the
sealing area.

Preload Torque

The significance of the force magnification possible with the toggle seal is best

shown when the preload and torque are also evaluated. If the I-in. threaded connection
rated at 2000-psi internal pressure (Figure 20)ischosen as a typical fitting, the initial
axial preload is 4510 lb**. This preload is possible with a torque of only 1200 in-lb.
Referring again to Figure 54 and assuming the final angle a. as 80*, the resulting force,
R, is 25,800 lb. Assuming the yield stress of the toggle seal material at 150,000 psi,
the seating area possible would be 0. 172 in. 2 Referring to Figure 55a it can be assumed

*It is assumed that the stength of the toggle seal as a ring Is negligible.
@See page 51.
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that the contact length, s, is 7 and the total seal area is 7r.± G. The length of the seal

contact, s, is therefore 0. 050 in. and the thickness of the toggle, which is equal to 2r,
is about 0. 064 in.

F@

RI
F, b.

S- 41310

FIGURE 55. FORCE COMPARISON BETWEEN TOGGLE SEAL AND FLAT
METAL WASHER

In contrast, the flat washer in Figure 55b would be subjected to a seating force of
of only 4510 lb and its area would be much less if a high strength material were also
used.

Axial Backoff

Axial backoff due to torque relaxation, creep, or elastic deformations under load
was considered in determining the initial axial preload of 4510 lb for the I-in. threaded
fitting. * Because of the magnitude of the preload, some residual strain is always pres-
ent, even under the most severe set of conditions. However, the elastic recovery on

the part of the seal must be at least equal to the amount of strain relaxation expected.

The amount of elastic recovery which may be possible with a toggle seal fabricated
from a material with a yield stress of 150,000 psi is indicated in the ideal force-
deflection curve in Figure 56.

* See page 51.
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The stretch and rotation of the nut (Line adb) and the flange compression (Line
cgd) are based on the analysis of the 1-in. threaded connection shown in Figure 19, with

a flat metal gasket. However, if a toggle seal were used, the compression force-
deflection plot would follow the discontinuous Line efgd. At Point g the seal would be

completely seated, and additional torque would be translated to preload in the retaining
members, Line c d. The negative slope of Line ef represents the elastic deflection of
the seal alone. At Point f plastic yielding throughout the seal member commences, and
the force, W, decreases at a low rate until Point g, at which time the axial load is nearly
zero because all the force is transmitted in a radial direction.

The total elastic recovery is 0. 0057 in. and is represented by Point h. However,
not all of this recovery is available because the seal would be unsupported and would fail
because of fluid pressure, vibration, or structural collapse. If an elastic recovery of
only 0. 002 inch, which is less than half of the total recovery possible, is considered, the
equivalent load needed to cause this amount of backoff is 12,500 lb. This is far in excess
of any expected operational load. A recovery of 0. 002 inch is considered greater than
that expected in actual practice.

Conclusions

Although not apparently an ideal seal, the toggle seal does represent a mechanical

device which approaches the ideal more nearly than other types of mechanical seals.
The Belleville disk washer was used as an illustration because it represents the simplest
form of toggle seal. The exact nature of the seating action is unknown, especially on a

microscopic level at the seal-contact area. Knowledge of this action is essential for

proper analysis and development of an optimum toggle seal.

On the basis of the preliminary analysis the Belleville disk appears to be the logi-
cal starting point in any future development. It is simple, and easily manufactured.

When properly supported the seal is essentially insensitive to temperature changes.
Because of the rotation mechanism, large axial movements and tolerances can be tol-

erated. Most important, the axial seating force is translated into a radial direction,

and when the seal is finally seated the sealing stress is much less dependent on axial
backoff or strain relaxation than an axial seal.

On the other hand, because the sealing surfaces are exposed, they can easily be
damaged. Special care must be exercised in handling or assembling the fittings. Use of

a radial seal also tends to enlarge the fitting radially. The seal is subject to pressure
blowout if not properly supported and is not pressure energized. The detrimental effects
of these disadvantages on the performance of the seal and methods of minimizing them
can best be determined by means of experimental investigations planned for Phase II.
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SUMMARY OF RECOMMENDATIONS

Five primary recommendations have been formulated on the basis of the Phase I
efforts:

* Fitting-to-Fitting Connection

The reconnectable union should be either threaded or flanged.
Threaded fittings should be limited to those sizes and classes which can
be assembled with 2000 in-lb of torque or less. In no case should a
threaded connection be used for fittings on tubing greater than 1 in. in
diameter.

* Tube-.o-Fitting Connection

The connection between the tube and the fitting should be a per-
manent joint made independent of the seal mechanism or the reconnectable
union. Furthermore, the brazed or welded joining method developed by
North American Aviation should be adapted to expedite speedy qualifica-
tion of a mechanical fitting. However, further research should be devoted
to development of a cold-welded joint achieved by application of high-
energy-rate techniques such as explosive forming or capacitor discharge.

* Seal

Three seals are recommended for further experimental and analyti-
cal evaluation before one is selected for inclusion in the final fitting
design:

(1) Toggle

(2) High-energy-rate formed

(3) Internal-pressurized O-ring

* Fitting Classes

For threaded fittings, four classes should be specified on the basis
of temperature range and maximum pressure. Flanged fittings in gen-
eral should be designed to satisfy specific service conditions by applica-
tion of the design procedure illustrated in this report. This procedure
in its more complete form should be specified as standard.

* Phase II Research Program

Phase II research should be divided into two periods. A period of

10 weeks should be devoted to the selection of the most promising seal.
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A period of 3 months should then be devoted to tests of a few assemblies
of a total fitting.

INFORMATION REVIEW AND BIBLIOGRAPHY

Considerable effort was expended to determine the extent of available knowledge
in the open literature and the experience of manufacturers, users, and designers rela-
tive to fittings and similar components. This effort is described briefly. A selected
bibliography is given of the references which have been of assistance in Phase I.

Information Review

Technical information was obtained through personal interviews with engineers
and designers and from written reports of test and development programs on fittings.
Additional related data basic to fitting design were collected and reviewed.

Technical Interviews

During the first month of the project the Battelle staff visited various organiza-
tions with experience in the design, manufacture, and use of aircraft and missile
fittings. The organizations visited were:

(1) Aerojet-General (11) Marman Division, Aeroquip Corp.
(2) Aerospace Corp. (12) Parker-Hanifin Corp.
(3) Armour Research Foundation (13) Resistoflex Corp.
(4) Astronautics Division, General Dynamics (14) Rocketdyne Division, North
(5) Douglas Aircraft American Aviation
(6) Flexonics Division, Calumet and Hecla Co. (15) Space Technology Laboratory
(7) General Electric Co. (16) Stanford Research Institute
(8) Jet Propulsion Laboratory (17) Weatherhead Corp.
(9) Lockheed Aircraft Co. , Burbank

(10) Lockheed Missile and Space Division

The data sought during these visits related primarily to specific past experience
with and knowledge of fitting failures. The types of failure, possible causes, and the
location in the piping system were items of major interest. Design philosophy was dis-
cussed only in general terms. Unfortunately, little failure-analysis work had been done
in this area. Moreover, results of the work which had been done had not been published.
When failure data were available, they were very general.

Most of the information received consisted of technical reports of laboratory tests
and analytical studies of present and new designs. The most frequent comments of the
engineers interviewed were:

(1) The basic seal design of flared type fittings is inadequate, and the seal is

subject to deteribration with increased pressure and temperature.
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(2) Human error during assembly is the major source of difficulties with
"zero-leak" fittings.

(3) Stricter quality control should be imposed on the manufacturers of
fittings.

(4) Future specifications should classify the fitting according to the
application.

Technical Literature

During the first two months a literature survey was conducted. Documents were
collected, analyzed, and catalogued. Thereafter, additional pertinent documents were
added to the file as they were noted. The file presently consists of more than 500 docu-
ments and is divided into eight major categories:

(1) Bolts
(2) Design
(3) Fittings
(4) Flanges
(5) Materials
(6) Seals
(7) Testing
(8) Threads.

The major sources of data are Armed Services Technical Information Agency,
Interservice Data Exchange Program, Machine Design, Mechanical Engineering,
Defense Metals Information Center, Transactions of American Society of Mechanical
Engineers, Society of Automotive Engineers, and internal reports and memos from
individual companies.

A comprehensive literature search, even if restricted to just one or two of the
major categories, would have been beyond the scope of the Phase I program. New and
typical information only was gathered. When it appeared that a document contained
redundant information, it was usually omitted.

Reports dealing with the state of the art of flared and flareless fittings were con-
ducted on a restricted basis also. Only major reports known to contain original test

data were collected. The state-of-the-art study was intended to provide only sufficient
data for failure analysis or analytical evaluation.
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APPENDIX I

CALCULATION METHODS FOR STRESSES AND DISPLACEMENTS

Introduction

Most of the calculation methods described herein have been used for many years
in the design of flanged connections for pipelines and pressure vessels. In particular,
the stress calculation method for outwardly projecting flanges were developed by
Waters, et al. (39)*, in 1937 and for several years has been a mandatory appendix to
the American Society of Mechanical Engineers Boiler and Pressure Vessel Code,
Section VIII, "Unfired Pressure Vessels"( 4 0). Displacement calculations, in commer-
cial flange design, are used only for unusual designs or critical conditions since, in
general, the incentive for minimum-weight design does not exist in piping and pressure-
vessel applications to the same degree as in missile components. The calculation
methods described herein have not been generally applied to the design of small (Z in.
tube diameter and under) fittings, insofar as the authors are aware.

The calculation methods are based on the usual assumptions in engineering
elastic theory, viz. , the material is homogeneous and isotropic, stresses are propor-
tional to strains, and displacements are small. In addition, in some of the calculation
methods, it is assumed that the shells are thin walled and that radial dimensions of
circular plates are large compared with the plate thickness and, in flange design, the
flange radial width is small compared with the inside diameter**.

In addition to the general assumptions of elastic plate and shell theory, several
additional assumptions are made in flange-calculation methods, e.g. , the effect of bolt
holes in the flange ring can be neglected, the localized bolt lcads are uniformly dis-
tributed along the bolt circle, and the effect of the external moment on the flange de-
pends only on the product of the bolt load and the lever arm.

As in many engineering elastic-stress-analysis methods, local stress concentra-
tions are not calculated. For example, the design method computes the stress in a

bolt as W/AB, where W is the total load*** and AB is the total root area of the bolts.
Actually, as is well known, there may be higher stresses at the thread roots, depend-

ing on the root radius, and high local contact stresses will generally exist. Similarly,
in the case of nuts on threaded fittings or flanges on bolted fittings, there may be
"notches" (e. g. , re-entrant corners) where high stresses may exist and, in general,
there will be areas in which high local contact stresses occur.

Another approximation involved in the calculation method is the estimate of the
lever arm in the calculation of moments. The lever arm is generally assumed to extend
between midpoints of loaded surfaces; in the actual fitting the lever arms may be

*References for Appendix I are listed on page 140.
"In small-size standard pipe flanges this theoretical assumption is not justified, since the radial flange width may be several

times the flange inside diameter. In the minimum-weight designs considered, however, the assumption is justified even for
small-size flanges.

OW is used for load in this Appendix, rather th.mn F as used in the text, to avoid conflict with the calculation parameter F used
in this Appendix.
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significantly changed by small construction tolerances. In addition, lever arms may be
significantly altered by small elastic deformations; fortunately, these lever arm
changes are such as to reduce the lever arm and hence make the calculation methods
conservative.

It should be apparent from the above discussion that the calculation methods pre-
sented here are intended as a guide to the engineering design of fittings rather than
methods of accurately calculating the stresses in a fitting. The use of the methods is
justified, in part, by successful application to similar designs over a period of many
years. It must be recognized, however, that the proposed application to minimum-
weight design involving high-strength, low-ductility materials includes conditions where
little experience is available. Accordingly, test verification of some of the fittings is
recommended.

Outwardly Projecting Flanged Cylinders

Stress Calculations

Figure 57 applies to the flanged stub end of threaded fittings and to flanges of
bolted-flanged fittings. The moment applied to the flange is Mo = WhG, where W is the
total load. The stress calculation method used for this shape was developed by Waters,
et al. (39), and forms a part of the ASME Boiler and Pressure Vessel Code( 4 0 ), Section
VIII, Appendix II, "Rules for Bolted-Flanged Connections". The calculation method
gives maximum stresses in the flange per unit moment applied by the loading. The
method is applicable to either loose or integral flanges; integral flanges may have either
a tapered hub or uniform-wall hub. The calculation method gives three values of S/Mo:
the longitudinal bending stress in the hub, the radial bending stress at the inside of the
ring, and the tangential stress at the inside of the ring. The maximum stress is taken
as the largest of these three stresses. The maximum stress per unit moment is then
multiplied by the applied moment to find the maximum stress. The stress equations for
the integral flanges are:

Longitudinal Hub Stress

S H f (41)

M LglB

Radial Ring Stress

SR (4/3 te + 1)

Mo -Lt
2 B"

Tangential Ring Stress

ST Y SR- 7. -- .(43)

MO t 2 B Mo
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CALCULATION METHODS FOR STRESSES AND DISPLACEMENTS

Introduction

Most of the calculation methods described herein have been used for many years
in the design of flanged connections for pipelines and pressure vessels. In particular,
the stress calculation method for outwardly projecting flanges were developed by
Waters, et al. (39)*, in 1937 and for several years has been a mandatory appendix to
the American Society of Mechanical Engineers Boiler and Pressure Vessel Code,
Section VIII, "Unfired Pressure Vessels"(40). Displacement calculations, in commer-
cial flange design, are used only for unusual designs or critical conditions since, in
general, the incentive for minimum-weight design does not exist in piping and pressure-
vessel applications to the same degree as in missile components. The calculation
methods described herein have not been generally applied to the design of small (2 in.
tube diameter and under) fittings, insofar as the authors are aware.

The calculation methods are based on the usual assumptions in engineering
elastic theory, viz. , the material is homogeneous and isotropic, stresses are propor-
tional to strains, and displacements are small. In addition, in some of the calculation
methods, it is assumed that the shells are thin walled and that radial dimensions of
circular plates are large compared with the plate thickness and, in flange design, the
flange radial width is small compared with the inside diameter**.

In addition to the general assumptions of elastic plate and shell theory, several
additional assumptions are made in flange-calculation methods, e. g. , the effect of bolt
holes in the flange ring can be neglected, the localized bolt loads are uniformly dis-
tributed along the bolt circle, and the effect of the external moment on the flange de-
pends only on the product of the bolt load and the lever arm.

As in many engineering elastic-stress-analysis methods, local stress concentra-
tions are not calculated. For example, the design method computes the stress in a
bolt as W/AB, where W is the total load*** and AB is the total root area of the bolts.
Actually, as is well known: there may be higher stresses at the thread roots, depend-
ing on the root radius, and nigh local contact stresses will generally exist. Similarly,
in the case of nuts on threaded fittings or flanges on bolted fittings, there may be
"notches" (e.g. , re-entrant corners) where high stresses may exist and, in general,
there will be areas in which high local contact stresses occur.

Another approximation involved in the calculation method is the estimate of the
lever arm in the calculation of moments. The lever arm is generally assumed to extend
between midpoints of loaded surfaces; in the actual fitting the lever arms may be

*References for Appendix I are listed on page 140.
"*In small-size standard pipe flanges this theoretical assumption is not justified, since the radial flange width may be several

times the flange inside diameter. In the minimum-weight designs considered, however, the assumption is justified even for
small-size flanges.

*W is used for load in this Appendix, rather than F as used in the text, to avoid conflict with the calculation parameter F used
in this Appendix.
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For a loose ring flange, only one stress is calculated:

Tangential Ring Stress

ST = - (44)

Mo t 2 B

The dimensional parameters A, B, B', t, gl, go and h are shown in Figure 57.
Other parameters are: U, Y, Z, and T as functions of K = A/B as shown in Figure 58.
F, V, and f are functions of gl/go and h//B'g-, as shown in Figure 59 and Figure 60.
Values of e, d, and L are obtained by the equations

F

e-_ (45)ho

d Uhg2 (46)
V 090

L =te +1 + -- ,(47)

T d

where ho = F .

Displacement Calculations

The rotation of the flange ring due to an applied moment, Mo, is given by
Wesstrom and Bergh( 4 1 ) as

em =_0.o9 v Mo, (48)
LhogoZE

where V, L, ho, go, and Mo are as defined in the preceding section on stress calcula-
tions and E is the modulus of elasticity of the flange material.

The axial displacement is emhG, where hG is the lever arm of the applied load as
shown by Figure 57. The axial displacement of a bolted fitting with two identical flanges
is zemhG. Where the two flanges making up the joint are not identical, the total axial
displacement is (em + 9zn)hG where em and e, are calculated by Equation (48) for the
two flanges.

The rotation of the flange ring due to the radial component of the internal pressure
is given by Rodabaugh( 4 2 ) as

ep= 2.57 x 0 8 B2 7 p (49)
t(t + 1.82 geY)
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where

P = internal pressure, psi

ge(Z + . 3) ( l .82t)

"I +Bge 3 (Z +0.3) 2+ 1.'82t
h 0 t 3  h 0

(for E = 3 x 10 7 , 1 = Poisson's ratio = 0.3)

ge = average hub thickness through a distance

from the back of the flange ring of

B(go + gl)

2

Z, B, t, go and gl are defined in the preceding
section on stress calculations.

The axial displacement in a bolted fitting with two identical flanges is 2ephG,
where hG is shown in Figure 57.

Under Equation (19) in the text of the report, in the definition of a, the term qr is
equal to ep/P. [Equation (19) is discussed in the last section of this Appendix.]

Inwardly Projecting Flanges

Figure 61 illustrates an idealized shape, consisting of a cylindrical shell with an
inwardly projecting flange, which can be used in designing the nut on threaded fittings.

A-43931

0. b.

FIGURE 61. INWARDLY PROJECTING FLANGED CYLINDER NOMENCLATURE
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where
P = internal pressure, psi

ge(Z +0.3) (1 + l'82t)

7 = + Bge
3  (Z + 0.3) Z+ Il'82 t
ho 0t3 ho0

(for E = 3 x 107, = Poisson's ratio = 0.3)

h'o =Bge

ge = average hub thickness through a distance

from the back of the flange ring of

B(go + gl)

2

Z, B, t, go and g, are defined in the preceding
section on stress calculations.

The axial displacement in a bolted fitting with two identical flanges is ZephG,
where hG is shown in Figure 57.

Under Equation (19) in the text of the report, in the definition of a, the term qr is
equal to ep/P. [Equation (19) is discussed in the last section of this Appendix.]

Inwardly Projecting Flanges

Figure 61 illustrates an idealized shape, consisting of a cylindrical shell with an
inwardly projecting flange, which can be used in designing the nut on threaded fittings.

h G •W

jMh

a Radius 
Ph < Ph

b Radius 8 •Mh

9*43931
0. b.

FIGURE 61. INWARDLY PROJECTING FLANGED CYLINDER NOMENCLATURE
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Stress Calculations

The moment applied to the flange ring in Figure 61a is Mo = W x hG where W is
the total load. Under the applied moment Mo, the flange will rotate as indicated in

Figure 61b. There will be a moment Mh and a shear Ph acting at the juncture of the
flange and the cylindrical shell; these are moments and forces per unit length.

The radial (outward) displacement w of the end of the cylindrical shell, loaded with
end moment Mh and shear Ph' is given by Timoshenko( 4 3 ) as

1
w =- (Ph - Mh), (50)

ZA3 D

where

A 4 3(l -A2
2= 22

7ag9

D= Eg 3

12(1 _A 2 )

E = modulus of elasticity

= Poisson's ratio.

It is assumed that the relatively rigid flange does not undergo any radial dis-
placement, hence

3D (Ph - Mh) = 0 (51)

and

Ph = AMh (52)

The rotation of the end of a cylinder, loaded with an end moment Mh and shear Ph, is
given by Timoshenko( 4 3 ) as

e 2fD (Ph ZPAMh) (53)

The rotation of the flange ring is also given by Timoshenko( 4 3 ) as

e = 6 Mj (a + b)
Et 3 1n _a

b

where Mf, the moment applied to the ring per unit length of the ring center line, is

M Mo Za t 2a (55)

,'(a + b) a + b 2 a +b
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Since the rotation of the flange ring must be equal to the rotation of the end of the cylin-
drical shell, Equations (53) and (54) give

2ID (ph - 2 A3Mh) = 6 Mf (a + b) (56)

Et 3 1n

Substituting Ph = AMh from Equation (52) and Mf from Equation (55) in Equation (56):

Mh 3 6 aEbn - Mh I +( )) . (57)

ZAD Et in'F Llr(a +b) a+ b) 2Z/

Solving Equation (57) for Mh:

Mo
Mh (58)

7rFt1 Z/bD + 2a I1+A

Replacing D by its magnitude Eg3 /12(l - 11),

Mo0
Mh = 2 (.i)L In.+ 1 (59)

2 7 a [ 1 - 2 ) g ) 3 a t
2A3a bn 2

Equation (59) gives Mh in terms of the loading (Mo = WhG), the dimensions, and
the material constant, ýi. The maximum stress per unit applied moment are given by:

Longitudinal Hub Stress

SH 360)
Trag 2 , 2[ a ) ( n3 n- + 1 +

Radial Ring Stress

MO - rat2 A[2l- (t-)a + " 1 (A) (61)

L ZIa g19 b 2J

Tangential Ring Stress

ST- 3(1 -j 2 )t (62)
M 27rabg3p (I 2a12) (L) n a+b I +
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Displacement Calculations

The rotation of the flange ring due to an applied moment, Mo, is given by Equa-
tion (53) and using Ph = AMh from Equation (52):

=Mh (63)
ZAD

The magnitude of Mh is given in terms of Mo by Equation (59). e in terms of Mo is then

Gm 3(l=Mo (64)

7raJ3g3E [( 2 Tl -~ b- n-1

The axial displacement is emhG.

Parts in Tension or Compression

Parts which are considered to be loaded in tension or compression are:

Bolts of bolted fittings (tension)

Cylindrical shell portion of nut in threaded fittings (tension)

Flanges of bolted fittings (compression)

Threaded stub end of threaded fittings (compression)

Flange of flanged stub end of threaded fittings (compression)

Seals (compression).

Stress Calculations

The general expression for stress in parts subjected to tension or compression is

S (65)

where
W = total load, lb

A = cross-sectional area perpendicular to load, in. 2

For bolts:

A = Ab = AblX n
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where
Abl = cross-sectional area at root of threads for one bolt, in. 2

n = number of bolts

Ab = total bolt area.

Displacement Calculations

The general expression for displacement in parts subjected to tension or com-
pression is

WAE (66)

where
W = total load, lb

A = axial length, in.

E = modulus of elasticity of material, psi

A = cross-sectional area perpendicular to load, in. 2

Threads in Threaded Fittings

The nominal shear stress on the threads, ST, is

S W (67)ST T-

where
AT = 0. 80 A17D, in., where the 0. 80 is an approximate factor to

account for thread clearances of the buttress or NF threads
used in the threaded fittings.

A= thread length, in.

Dp = thread pitch diameter, in.

Bending stresses and local contact stresses in the threads will, of course, be
substantially higher than the nominal shear stress. The thread length should be ample
to keep these local stresses at a tolerable level.
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General Displacement Equation for Bolted Fittings,
Equation (19) of Text

Equation (19) of the text (with F changed to W for nomenclature of this Appendix)
is

W2 = W1 + ctP

where
P = internal pressure, psi

-- LhG - 2qF (hT - -ZqFBZ(hD - hT) 8 q

0 = qB + qG + 2qFhG2

to
qB =ABEB

Vo
qG= AGEG

0.91 V (integral flanges) or 0. 8Z9 (loose ring flanges)
LhogoEF t 3 EF log A

ep
qr •- where ep is defined by Equation (49)

to = bolt length, in.

V0 = seal thickness (in axial direction), in.

AB = total bolt area, sq in.

AG = total gasket area, sq in.

EB, EG, EF = modulus of elasticity of bolt, seal, and flange material,
respectively.

hG = 1/Z (C-G)

hD = 1/2 (C-B)

hT = 1/2 (hD + hG)

Dimensions A, B, C, G, t, and go are shown in Figure 57. L, V, and ho are
defined in the first section of the Appendix under "Outwardly Projecting Flanged

Cylinders".
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APPENDIX II

DISCUSSION OF DESIGN FOR CREEP OR RELAXATION

Since mechanical tube connections of the types discussed are highly strain sensi-
tive at higher temperatures, plastic flow as a function of time, i.e. , creep or relaxa-
tion, becomes a dominant factor in design. The basic problem of the relaxation of a bolt
in a rigid flange has been considered by several investigators(4447)*. The method
proposed here has been selected because of its simplicity in design application and be-
cause of the limited available data on the newer alloys, such data being confined to ten-
sile creep tests with no available relaxation-test data.

The elastic displacement of any part of the structure is proportional to the elastic
strain at that time, i. e.

6 KC. (68)

In a member with uniform stress, such as the bolts in tension, K is independent of plas-
tic deformations. In the flanges, however, K is a function of plastic deformations since
such deformation redistributes the stress. A conservative( 4 8 ) assumption is that K is a
constant for all parts of the fitting and C is the maximum strain corresponding to the
maximum calculated elastic stress. Use of K as a constant for all parts of the fitting
implies that:

(1) All parts of the fitting operate at the same maximum stress level.
(This may be accomplished by appropriate design of the fitting; however,
if this is not the case, an alternative method is indicated later in this
Appendix.)

(2) All parts are made of the same material.

(3) All parts operate at the same temperature.

(4) In parts subjected to bending stress, relaxation does not alter the
stress distribution.

With the assumption of constant K:

at t = 0: 60 = KEo (69)

at t = t: 6t = Ket (70)

where t = time, hr. The difference between 60 and 6 t is the plastic displacement occur-
ring in time t, giving

60 - 6 t = 6p (71)

KFo - K~t = K p (72)

*References for Appendix II are listed on page 145.
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The elastic strains co and Et are proportional to the stresses So and St, giving

St
6t S 0o (73)

Substitute Et from Equation (73) in Equation (72):

Cp- Eo -(1 - -t (74)

Differentiating Equation (74) with respect to time:

de E dS
dt So It- o (75)

The values of dep/dt in Equation (75) are best obtained from relaxation tests of the
material at the required temperature. However, in the absence of relaxation-test data,
dep/dt may be obtained from creep-test data, particularly when the effect of first-stage
creep is handled separately. While Equation (75) could be integrated graphically from
creep-test data, in order to expedite design work it is desirable to express d p/dt

analytically. A widely used expression is

d ep IS n 76

dt 
(76)

where

Ep = plastic strain, in in.

t = time, hr

St = stress, psi.

C 1 and n are material constants and are functions of the temperature. These constants
can be obtained empirically from a series of creep tests of the material at the required
temperature and at various stress levels.

The expression for de p/dt in Equation (76) is independent of time; this is approxi-
mately true for second-stage creep but is not valid for firot- or third-stage creep. The
design method covers the effect of first-stage creep by means of a pseudo modulus of
elasticity, El, obtained directly from experimental creep data by extrapolating the
second-stage creep back to zero time as indicated by Figure 62.
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i ~Creep at stress So and

(I,

j2El -SO--
06

Time - -

A-43932

FIGURE 62. METHOD OF ESTABLISHING VALUE OF El

The initial preload F 1 is considered to be reduced (in zero time) to a new value
(FO)T as given by the equation

(FI)T = Fl X-rr (77)
r

where Er is the modulus of elasticity at room temperature, i. e. , the temperature at

which the preload F 1 was applied to the fitting.

Since the fitting structure by its nature is limited to very small strains, it is un-
likely that third-stage creep will be encountered; hence, Equation (76) is adequate for the
particular design problem.

Since o/ So = 1/ET, where ET is the modulus of elasticity at the design tempera-

ture, inserting this relationship along with dcp /dt C1 Sn in Equation (75) we obtain

CGStn + _i_ s= , (78)
ET dt

which may be written

dt = dS (79)
CIETS

By integrating Equation 79:

t St
t : dt - S dS (80)

so (lET oSS t
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t = (81)
C IET(n- l)Stn-

Equation (81) is the well-known equation for relaxation of a bolt under constant
total strain. However, it was derived here to be applicable to a connection consisting of
several parts, made cf the same material, each of which is subjected to the same stress
and temperature and where it is assumed that the stress-displacement relations do not
change as a result of loadings* or creep. The restriction to the theory that all parts
are operating at the same stress can be removed by a relatively simple extension of the
theory. If the connection is considered as three parts (flanges, bolts, seal of a bolted-
flanged connection), the equation for calculating service life becomes

[ + 1KI L3 Kn- 1

1 K( 1 )o (82)

+1 (K2~ + (L 3)n] ClET(n- )Stn-l

where the K's are defined by the elastic displacement-stress relations: 6 1 = K1S,
62 = KZS1, 63 = K3S 1 for flanges, bolts, and seal"*, respectively, and S 1 is the stress
in the flanges.

Removal of the restriction that all parts of the connections be made of the same
material and operate at the same temperature required considerable additional design
effort since the resulting equation,

- I dS"
dt = , (83)

CllStnl + c 1 z2 s i + C13 K t

with the n's all different and noninteger, must be numerically or graphically integrated.

The removal of the restriction that the stress-displacement relations, for parts in
bending, do not change with creep presents formidable difficulties. Some progress on
this problem( 4 8 , 4 9 ) has been made for the case of a ring in torsion. However, even for
this comparatively simple structure numerical integration methods are required. The
case of the ring with attached cylindrical shell is much more complex.

*Actually, the stresses in a fitting structure do vary with loads. The stress variation in the parts that contribute most to relaxa-

tion (bolts and flanges in bolted fittings, nuts and stub ends in threaded fittings), however, is relatively small. The stress in the

seal decreases with Increasing internal pressure so that the a!sumption that stress in the seal does not vary with loads is generally

conservative from the standpoint of relaxation.
"It should be recognized that the K's may be functions of the internal pressure and external loads.
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The theoretical refinements discussed above, along with other desirable refine-
ments to the theory, are not within the scope of this project. Accordingly, the pre-
liminary design work has been based on the simplified concept described above with the
expectation that, due to a number of conservative assumptions, the resulting designs
will be adequate.
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APPENDIX III

SELECTION OF THREAD PROFILES FOR FITTINGS

The selection of threads is a function of the over-all design of a specific fitting,
and therefore the discussions and evaluations presented are qualitative rather than quan-
titative. These discussions are limited to a few basic factors without taking into consid-
eration all of the factors that influence thread behavior and the behavior of the threaded
connections. For example, materials pro:?erties and various means of improving thread
behavior are not considered. The discuss',ons are limited to the most common case, in
which one of the threaded members is subjected to a tension load and the other to a
compression load.

Bolted Fittings

When a bolted fitting is loaded or preloaded, the bolt elongates and the nut com-
presses axially. This is the primary cause for nonuniform load distribution along the
threads, as shown in Figure 63, and it is the reason that the first thread next to the

-Bolt

Load
Distribution

0

0-
Load per inch .

of thread

F

FIGURE 63. ILLUSTRATION OF NONUNIFORM LOAD DISTRIBUTION
IN A NUT TIGHTENED ON A BOLT
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loaded nut surface carries more load than the other threads. The nonuniformity in load
distribution is mitigated somewhat by cantilever-type bending of threads, by radial con-
traction of the bolt, and by radial expansion of the nut. The radial contraction and ex-
pansion are caused by two factors: (1) Poisson's effect from tension and compression
and (2) the radial component on thread flank surfaces resulting from the axial bolt load.
These radial movements or thread recessions occur mainly in the first threads and are
beneficial from the standpoint of load distribution among the threads. However, they
cause circumferential hoop stresses and a decrease in thread-engagement depth of the
highest loaded critical threads. Thread bending increases the critical stresses at the
roots of the threads.

The expansion of the nut may be restrained somewhat by the friction between the
loaded-nut face and the flange surface. The thread recession could be decreased essen-
tially to only that resulting from Poisson t s effect if buttress threads were used instead
of a basically triangular thread form. This would create, however, a trade-off condition
because the elimination of circumferential hoop stresses and the decrease in nominal
contact pressure (because of less thread recession) would be gained at the expense of
less favorable load distribution along the threads and lower fatigue strength of the bolt.

Since the bolt accounts for most of the weight in a bolt-nut combination, it is advan-
tageous, from the standpoint of the strength-weight ratio, to select a thread profile that
permits use of the strongest bolts, particularly for fatigue loading. This leads to the
conclusion that bolts with triangular threads with a 60-degree included angle and with
full-radius roots should be used in flanged fittings, even if they do require higher tight-
ening torques than buttress threads for the same axial load. Since almost all threaded
fasteners are made with such threads, a practical advantage results in that commercial
high-strength fasteners can be employed. At first it may appear that an Acme thread
would constitute an acceptable compromise between the 60-degree triangular thread and
a buttress thread. However, this is not the case. For the same thread pitch and, thus,
roughly for the same major and minor diameters, the Acme thread is weaker than either
the triangular or buttress threads.

Among the 60-degree thread profiles, the following were considered:

(1) Standard threads with basically flat roots (MIL-S-7742), having a
nominal thread-engagement depth equal to 83. 33 per cent of the
theoretical depth (defined as h = 3/4 P cos 30*, where P is
thread pitch)

(2) Threads with a full-radius root (MIL-B-7838), having a nominal
thread-engagement depth equal to 83. 33 per cent of the theoretical
depth

(3) Reduced-depth threads with an increased full-radius root
(MIL-S-8879), having a nominal thread-engagement depth equal
to 75 per cent of the theoretical depth

(4) Reduced-depth threads proposed by Standard Pressed Steel Co. ,
with a still greater full-radius root, having a nominal thread-
engagement depth equal to 55 per cent of the theoretical depth.
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For external bolt threads of the same size and pitch, the major diameter is nomi-
nally the same for all four profiles. The nominal minor diameter is essentially the same
for the first two profiles. It becomes larger for the 75 per cent thread and still larger
for the 55 per cent thread as a consequence of the increase in root radius and the de-
crease in thread depth. The major diameter of the internal threads is also essentially
the same for all four profiles. The minor diameter of the internal threads is increased
with the corresponding increase in the minor diameter of the external threads to avoid
interference of the internal-thread crests with the root radius of the external threads.

The most common failures that occur with such preloaded bolted connections are:

(1) A transverse fracture of the bolt from overstress, creep, or
fatigue, usually starting at the root of the first engaged thread

(2) Longitudinal failure of the nut due to excessive circumferential
hoop stresses

(3) Stripping of the mating threads because of overload

(4) Seizure of the mating threads, caused by excessive contact
pressure.

Considering only the strength of the bolt for all failure modes - overstress, creep,
and fatigue - the reduced-depth thread is clearly superior to the full-depth thread. The
larger minor diameter provides a larger load-carrying cross section, and the larger
root radius has a lower stress concentration, which is important for fatigue strength.
The published data support the above statement and show higher ultimate tensile strength,
stress-rupture strength, and higher fatigue strength for the reduced-depth threads. It
appears that the biggest gain for the reduced-depth thread lies in its improved fatigue
characteristics, mainly due to the enlarged root radius. Because of the latter, the
standard threads with a full-radius root (MIL-B-7838) are to be preferred in all cases
over the standard threads with flat roots (MIL-S-7742). Whenever fatigue is the primary
consideration, the 75 per cent threads (MIL-S-8879) or even the SPS-proposed 55 per
cent threads may be the best unless considerations other than fatigue limit their use.

In the case of nut failures from excessive circumferential hoop stresses, there
should be no essential differences between reduced-depth and full-depth threads, pro-
vided all other conditions are equal. The stripping strength of reduced-depth threads on
the bolts should theoretically decrease with the thread depth but not necessarily in pro-
portion, because of decrease in "shear" area. It is being claimed, however, that the
stripping strength of reduced-depth threads on the bolts remains equal to that of full-
depth threads until the engagement depth decreases to about 50 per cent of the theoretical
depth, and then it drops off rather rapidly. Actually, there are not enough data avail-
able to make a valid conclusion. At any rate, it appears that the stripping strength of
the 55 per cent thread on the bolt may be lower than that of full-depth or the 75 per cent
thread if the thread recession is considered.

Because of lack of sufficient experience data, an uncertainty exists concerning the
behavior of reduced-depth threads with respect to thread seizure. From an elementary
point of view, the nominal contact pressures, defined as the axial force divided by the
projected area of threads, are higher in the reduced-depth threads, and therefore such
threads should be more susceptible to seizure and galling. Because of thread bending
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under load, the actual contact between threads is concentrated in a limited area rather
than being distributed uniformly over the entire thread flank. Galling and seizing of
threads is thus governed mainly by the peak contact stresses. Because of the complexi-
ties involved, it is virtually impossible to predict analytically the quantitative peak con-
tact stresses and subsequent amount of thread galling or seizing. Judging from the ge-
ometries involved, higher peak contact pressures can be expected in the 55 per cent
thread than in the 75 per cent or full-depth threads, and therefore thread galling or seiz-
ing may become a problem in reduced-depth threads.

It becomes apparent that, from the viewpoint of bolt strength, the reduced-depth
threads should be used unless galling, seizing, or stripping occurs. One of the require-
ments for all mechanical fittings is that they should be capable of sustaining several
assemblies and disassemblies. If only thread galling or mild seizing would occur in
some fasteners of the flanged connections, the damaged fasteners could probably be
easily replaced during reassembly when needed. Since the 75 per cent thread (MIL-S-
8879) is widely accepted by the aircraft industry, it can be reasonably assumed that its

stripping strength is sufficient, and therefore it appears to be advantageous to use it for
fasteners in flanged fittings.

Use of the 55 per cent thread in fasteners for flanges fittings is not recommended
at this time because of the uncertainties concerning its stripping strength and thread
seizure. Such a thread form, however, may be considered for future use, provided
that these uncertainties are eventually resolved favorably.

Threaded Fittings

Here, the threaded members are "sleeves" with or without wrench flats. The in-
ternal member has the external threads and the external member has the internal threads.
In most cases, the internal threads are loaded in tension and the external threads in

compression, which is opposite to a normal bolt- and-nut combination. Regardless of
the load directions, the primary function of the threads is to provide or sustain high axial
forces. At the same time, the sleeves should be of a minimum weight design. Buttress
threads fulfill both of these requirements because they develop the highest axial force for
a given torque value and because they do not develop hoop stresses in the sleeves, there-
fore, they permit minimum wall thickness. The lower fatigue strength as compared with
the 60-degree threads is of little consequence for this application because the critical
location, as far as the fatigue strength of the fitting is concerned, is the tube-to-fitting
connection. Since there is practically no disengagement of threads due to radial forces in
buttress threads, they are also expected to be better from the standpoint of preload
relaxation.

In view of these considerations, buttress threads are recommended for larger size
threaded fittings. In smaller size threaded fittings, the increased cost of buttress
threads as compared with that of NF threads may not be justified since, based on prelimi-
nary designs of a 1/8 in. threaded fitting, it appears that excess material will be present
in the nut because of manufacturing requirements. If this occurs, the reduction of radial
thrust by use of buttress threads would be only a minor advantage. Also, in small sizes,
the advantage of high axial force for a given torque, which may be obtained with buttress
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threads, is of less importance since in small sizes the required axial force is relatively
small. The size division between threaded fittings with NF threads and those with but-
tress threads will depend upon required design details in intermediate sizes.
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APPENDIX IV

TORQUE RELAXATION TESTS ON FLARED AND FLARELESS FITTINGS

Definition of Torque Relaxation and Sources of Test Data

Threaded flared fittings, when used for critical applications, are tightened with a
torque wrench to a specified torque magnitude and the flareless fittings are tightened
according to some specified procedures. Upon checking the torque on these fittings at
some later time, it is often found that the torque is less than that originally applied to
the fitting. This phenomenon has been termed "torque relaxation". Test data on torque
relaxation are available from the following three sources:

(A) Seibel, L. L. , and McGillen, V. W. , "Hydraulic and Pneumatic
Fitting and Tubing Test Program", WADC Technical Report 59-267
(November, 1959).

(B) Richards, C. M. , "Torque Relaxation in Flared Tube Fittings",
Convair/Astronautics, Division of General Dynamics Corporation
(July 18, 1960).

(C) Guthrnann, P. , "Tube Connections, A State-of-the-Art Study",
Report No. 1058, Chrysler Corporation, Missile Division,
Huntsville Operations (October, 1961).

Test Data From Source (A)

The data available are from Phase III tests of Source (A), pages 24-73, plus
Appendix I, "Procedures for Phases III and IV".

Test Specimens

Fittings were either (1) precision flared*, (2) MS- flareless, or (3) super-
flareless** types. Material for fittings and tube was 300 series stainless steel, except
the sleeves of MS- flareless fittings were of 1112 or 1113 case-hardened steel plated
with nickel or cadmium.

Sizes tested were 4, 6, 8, 12, and 16 (nominal tube OD in sixteenths inch).

" AN- fittings with close tolerances and inspection controls.
KMS- fittings with minor dimensional changes, closer tolerances, and closer controls on hardness and surface finish.
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Assembly of Fittings on Tubes

Fittings were assembled by standard procedures. The measured torque used in
assembly is shown in Table 13.

TABLE 13. TORQUE USED IN ASSEMBLY OF
TEST FITTINGS ON TUBING

Assembly Torque(a), in-lb

Nominal Flared F'ittings Flareless Fittings
Size Min Max Min Max

4 140 200 120 360
6 280 345 384 600
8 450 525 400 1080

12 900 1100 900 1300
16 1200 1400 1150 2400

(a) From page 89 of Source (A).

Specimens for Tests I or 4 were not lubricated (see below for test number sig-
nificance). Dixon's Graphite Grease No. 3 was used as a lubricant on the shoulder of

the sleeve where it mates with the nut on specimens for Tests 2 and 3.

Test Procedures

All fittings were initially subjected to the following two tests: (1) water hydrostatic-

proof test at 6,600 psi for 5 minutes, and (2) helium leakage test at 3,300 psi for 5 min-
utes. Thereafter, all fittings were subjected to vibrations under the conditions shown in
the following tabulation:

Ambient Fluid Fluid
Temperature, Temperature, Pressure,

Test F F psi Fluid

1 Room Room Cycled 0 to 4,500 OS45-I(a)

2 1200 500 3000 OS45- I (a)

3 800 800 3000 Nitrogen
4 Room -320 750 Liquid nitrogen

(a) Hydraulic fluid.

In all four test series the fittings were subjected to vibration from the attached

tubing severe enough to cause fatigue failure of the tube in about 50 per cent of the test

specimens in a period of 5 hours and 10 minutes, or less.

Finally, all fittings were again helium leak tested at 3000 psi for 5 minutes (on
Tests 2, 3, and 4 after the assembly had returned to room temperature).

Torque-Relaxation Measurements

The breakaway torque in the uncoupling direction was measured after completion of

the four above tests.
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A "reference" for the breakaway torques of the MS- flareless and the precision
flared fittings was established on additional specimens. This was done by conducting

torque measurements on six specimens of each type in each size. (These were pre-
sumably not pressure tested and were not vibrated. The time lapse between assembly

and checking of the breakaway torque is not stated.)

Results

Averages of test results are shown in Table 14.

TABLE 14. AVERAGE UNCOUPLING TORQUE AS PER CENT
OF INSTALLED TORQUE(a)

Type of Average Per Cent of Installed Torque
Fitting Condition 4 Size 6 Size 8 Size 12 Size 16 Size

Precision Reference 78 78 86 82 (6
flared After Test 1 54 55 50 75 68

After Test 2 145 98 -- 137 131
After Test 3 .. .. .. 124 138
After Test 4 52 37 58 73 60

MS Reference 78 77 78 72 --

flareless After Test 1 41 49 57 64 70
After Test 2 138 46 .. .. ..
After Test 3 58 -- 27 .. ..
After Test 4 50 70 62 75 59

Super Reference .. .. .. .. ..
flareless After Test 1 51 64 57 72 78

After Test 2 108 98 110 112 71
After Test 3 108 98 125 106 142
After Test 4 40 60 60 69 70

(a) "Reference" and "After Test 1" data from Source (A). Table 6.
"After Test 2" data from Source (A), Table 7.
"After Test 3" data from Source (A), Table 9.
"After Test 4" data from Source (A). Table 10.

Test Data From Source (B)

Test Specimens

Fittings were standard AN- flared type taken at random from Convair stock (pre-
sumably made of 300 series stainless steel). The tubing was 0. 500-in. OD x 0. 028-in.
wall, per MIL-T-6845. Tubing was flared in accordance with MS 33584, using regular
production equipment, and inspected to Convair production standards. All tests were on

the 1/2-in. nominal size.
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Purpose of the tests was to compare torque relaxation of standard AN- fittings with
torque relaxation when using standard AN- fittings plus conical copper seals. The coppe
seals used were from three sources:

Designation Description

CV-A Convair manufacture typical of those used by
Convair in production

VS Made by Voi- Shan Manufacturing Company,
Culver City, California

GM Made by Gasket Manufacturing Company,
Los Angeles, California

Test Production

The specimens were lubricated on the male threads and the back of the sleeve
shoulder with Kel-F-90 fluorocarbon grease.

Each specimen was assembled to 475 in-lb torque, using a Richmont snap-indicating
torque wrench.

Specimens selected at random were re-torqued without disassembly, using the
original torque wrench at the time periods noted in Table 15. The angular movement of

the nut required to restore the original torque was recorded.

Results

Results are shown in Table 15.

Test Data From Source (C)

Test Specimens

Fittings were AN- flared type. Material for fitting and tubes was 300 series stain-
less steel. Tests were run with conical gaskets made of copper or tin-plated copper.
Size was 3/4-in.

Test Procedure

Thirty-two fittings were assembled, using an assembly torque of 900 to 1000 in-lb.
These were divided into four sets of eight fittings each. Residual torque was measured
on one set at Z0, on the second set at 48, on the third at 168, and on the fourth at 336
hours after assembly. (Other details of the procedure are not known.)
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Results

Results of these tests are shown in Table 16.

TABLE 16. RESULTS OF TESTS
FROM SOURCE (C)

"Readout" Torque,
Elapsed per cent of
Time, initial torque

hr Max Min Avg

20 100 84 97
48 100 72 88

168 100 79 91
336 9Z 65 80

Discussion of Test Data

General Observations on Test Data

The test data generally shows good correlation between the three data sources.
Since torque relaxation is probably an indication of axial-load reduction, and axial-load
reduction implies a reduced resistance to leakage, the data are useful in assessing the
performance of flared and flareless fittings. It should be noted, however, that the test
data do not provide correlation between torque relaxation and axial load, nor is there
any readily apparent correlation between torque relaxation and leakage.

The test data indicate that torque relaxation is not significantly affected by the use
of conical copper seals, which implies that the source of torque relaxation is not at the
sealing surfaces. There is no experimental evidence that torque relaxation is neces-
sarily related to the threads. The mechanism of torque relaxation (i.e., what specifically
causes torque relaxation) is not discussed in the available sources. Some aspects of the
mechanism of torque relaxation are briefly analyzed in the following discussion.

Torque Relaxation Under "No-Load"

The three sources of test data all indicate that some torque relaxation occurs under

"no-load" conditions; i. e. , in fittings that have not been subjected to internal pressure,

bending, vibration, or temperature variation between assembly and re-check of the
torque. Sources (A) and (C) indicate that torque relaxation under "no-load" conditions
reduces the torque to about 80 per cent of initial value. Several hypotheses may be sug-

gested to explain or partially explain the observed torque relaxation:

(1) Creep of stainless steel. While austenitic stainless steel is ordinarily
considered to have negligible creep at room temperature, in the case of
fittings lodal contact stresses may be very high; extremely small creep

may be sufficient to explain the observed torque relaxation. Displace-
ment calculations on a 1/2-in. flared fitting, tightened with 475 in-lb
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assembly torque, indicate an axial displacement of O. 00017-inch will reduce
the axial load (and presumably torque) to 80 per cent of its initial value.

(2) Flow of lubricant film. As a rough estimate, the lubricant film in a
tightened flared fitting might be about 10-4 in. thick. If this film exists
on both the thread surface and nut-to-sleeve interface, a decrease in
the lubricant film thickness to 2/3 of its original thickness would pro-
vide sufficient axial displacement to explain a decrease in axial load
to 80 per cent of initial load in the 1/2-inch size.

(3) Locked-up stresses. In tightening the nut on a flared fitting, the
frictional resistance of the nut produces torsional stress in the hub
of the nut. These locked-up torsional stresses result in a torque in
the uncoupling direction, which could explain why uncoupling torques
are less than coupling torques.

Unfortunately, none of the hypotheses seem adequate to explain or fully agree with
the test data; thus, the mechanism for torque relaxation at "no-load" is not known.

Torque Relaxation Under Loads
or Temperature Increase

When loads are applied or temperature increase occurs, torque relaxation in AN-
or MS- fittings* can readily be explained, if it is postulated that in a torqued-up AN- or
MS- fitting there are highly stressed areas. As discussed in the text of the report, im-
ternal pressure or bending will add to the loads on the nut, and if the material was
already stressed near its yield strength, plastic flow will occur. With the same postu-
late, an elevated temperature, even as low as 300 or 400 F, would be expected to produce
torque relaxation, since increasing temperature lowers the short-time yield strength of
austenitic stainless steel as indicated by Table 17.

TABLE 17. YIELD STRENGTH AS FUNCTION
OF TEMPERATURE FOR TYPE 304
STAINLESS STEEL

Temperature, Yield Strength,
F psi

70 34 000
300 23,000
500 19,000
700 16,500
900 15,000

1100 13 000
1300 11,000
1500 10,000

* Designs of threaded fittings shown in the text of this report include a spring action follow-up on the nut which will partially
compensate for small amounts of yielding and thereby reduce torque relaxation.
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The data from Source (A) indicates substantially greater torque relaxation after
loading than at "no-loads" (after Tests 1 and 4, Table 14). With regard to the elevated-
temperature test results (after Tests 2 and 3, Table 14), it is possible that the increased
torque values (over 100 per cent) may have resulted from hardening of the lubricant or
partial seizing or galling of the contact surfaces under high contact stresses at elevated
temperatures.

Relaxation of Torque Relaxation to Thread Form

The test data does not provide any information about the effect of thread form on
torque relaxation since all tests were run on fittings with National Fine threads.
Theories( 5 0 , 5 1) on local stresses in threads are based on the assumption of elasticity,
which is only indirectly applicable to torque relaxation in which plastic flow presumably
occurs. Further, such theories are based on "perfect" thread geometry; thread toler-
ances, particularly on lead and flank angle, may be more significant in torque relaxation
than the detailed thread form.
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APPENDIX V

LEAKAGE FLOW ANALYSIS

The flow through a seal can be analyzed as a laminar flow of a viscous fluid if the
mean free path of the gas molecules is less than the smallest passage dimension. If the
mean free path is the same order of magnitude as the passage dimension, the flow
becomes molecular rather than laminar, and a correction for slip flow at the wall must
be applied to the laminar-flow analysis. In general the flow is laminar if

% < I = Knudsen' s number

>, = Mean free path of molecule, in.

h = Passage height, in.

It is possible to analyze the flow through a seal on the basis of laminar flow, apply-
ing a correction which is a function of Knudson' s number if Knudsen' s number approaches
1.0.

The Laminar-Flow Analysis

In the following the complete derivation is given since the case of flow through
slots is not given in the literature, which discusses flow through capillary tubes . (5Z)

Consider a narrow slot of height h, width w, and length 1, as shown in Figure 64.
Flow is in the direction of 2, and the width w would correspond to the periphery of a

circular seal.

h

I-_t_

FIGURE 64. SLOT ASSUMED FOR LAMINAR-FLOW ANALYSIS

Consider now a section dx in length and of unit width through Figure 64 in the plane
of 2, as shown in Figure 65. Since the flow is laminar, the velocity must be zero at the
walls, and the velocity profile will be symmetrical about the center line of the passage.
A pressure difference, dp, acts across the length dx. If we now consider a section 6h in
height, we can write the pressure force on the segment,

F= -6hdp.
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FIGURE 65. FLOW AT SECTION dx OF SLOT

The pressure force must be equal and opposite to the viscous shearing forces on
the segment if the flow is to be steady. The viscosity is defined as the ratio of shear
stress to velocity gradient. Thus the shearing forces must have the form

F2= ~dx dv,
dy

where

7) = viscosity
v = velocity
y = ordinant in h direction.

At the outer surface of the element 6h, the shearing force will be

dy'F2 o = 7d~y

Since the velocity increases as the center line is approached, the force on the inner sur-
face of the element will be

F~i = 7)dx d(v + -v 6h.

Also, the velocity gradient, dv/dh, is greater at the outer surface of the element,
and the net shearing force on the element will be

F2 = F 2 0 - F2 i = 7jdx F7 -Ad(v+yy .6h)

Idy dy dy J
If the element is not accelerating, the pressure force must equal the shearing

force:

Fl= F2

"- 6hdp F71dx AY -A(v + dV 6h)l

dy dy dy d
=7 dx[v dv d2 v dv dch

Leaving out the second-order term results in

-6hdp rdx6h d2 v

dy 2

Idp d2 v

T) dx16
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Considering first the right side of this equation, assume a solution of the form

v = A + By + Cy 2

dv d 2 v
-=B+ Z~y, •-•7=ZC

and 
dy y

ZC = dp.
"7) dx

From the laminar flow requirement, v = 0 when y = 0; therefore, A = 0.

The flow must also be symmetrical about the center line. Therefore,

dv = 0 when y h

o = B + 2Cy B + dp h

and Bd dx 2

Zr)dx

The equation for the velocity profile is therefore

v = - -h-" dx 2 rd
Z7)d27 2fdx

= (hy - y2 ).
Z2) dx

The volume flow rate through the slit will be

Q=Zw 0 vdy= -wd 0 (hy - y 2 ) dyY O T) dx YJO
-R [ Y ,,3 1 h/2

7) dx 2 3 0

= w .d.2h 3 .

127l dx

The mass flow rate through the slit is

M = Po=_ P-- wh---p
1ZRT 7 dx

Since, from continuity, the mass flow must be constant

dM_ 0 = wh3 [ d2 +((4

dx 12RT 7 L Hdx~ dx~l'(4

an isothermal process being assumed.

Let Z = -d2

dx

then,
dZ dx2 = dZ.4Z _p=Z dZZ

dx d dp dx dp
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The bracketed term in Equation (84) then becomes

p Z dp + Z2  0

or

dZ =

which can be integrated to

log Z + log p = log CI

or

Zp= C•

Since

z_=
dx

dP= "el.'
Pdx '

which can be integrated to

22= -C ix + C2

From the boundary conditions

p = p when x = 0

and

p = p2 when x=.

The refore, 2

2

and

c1  2 (P1 I-?)

The equation for the pressure variation lengthwise in the slit is therefore

p..= 2 -- (p2- p2 2 ).

Referring again to the mass-flow equation

M = -= pwh3 dp
lZRT7l dx'
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we can write

_Pd L( 12 _2 2)d 1

wh 3 (pl 2 - p2 2 )
ML = 2'i•TTrL

Since pj 2 - PZZ = (Pi - P2)(Pi + Pz)' this can be written in terms of the average
pressure or density; wh 3 (P1 - P? Pavg

ML = 12 RT711

wh3 (P1 - P2) Pavg
ML 12)I

Since leakage rates are usually measured at the discharge pressure, pZ, it is also
useful to write the mass-flow equation in terms of the discharge pressure

wh3[ (P,> 2  ]
17 J P22

ML = 247he (85)

Molecular Flow

The flow is molecular if the mean free path of the gas molecules is large compared
with the passage height. In this case the laminar-flow boundary condition of zero
velocity at the wall is no longer true. There is some slip along the wall.

Knudson develops an equation (52) for the flow in this regime as
8 IZ AZ

M 2'3 V!T V p 0 dx

where

A = flow area of passage
0 = parameter of passage.

If the passage is in the form of a slot, of height h and width w,

A 2 = w2 h 2

0 2(w + h)

If h<<w

AZ - wh2

0 2

from which
M= 4i - /;V -TO wh 2dx

P dx

165



Since the mass flow is constant,

dM 4\J [1 h dk2d - 0 = _ _ • w h Z
dx 3 7rp dk2

or

dZp =0

dx
2

This differential equation has a solution of the form

p =a + bx

&pb.
dx

But,

dx 4 V wZ-• -p

Therefore,

Using the boundary conditions

P=Iatx=O

and p= P2 atx= 0 =

it follows that

a p ,
MM --4 )/2 wh? (/p (Pl

MM 1 /Vp 1 2

)1 2Mx
P p "whZ

Note that the pressure distribution along the length of the passage is linear for the

molecular-flow case, rather than parabolic as in the laminar-flow case. The mass flow

rate is proportional to the square of the passage height, rather than the cube.

Comparison of Laminar and Molecular Flows

The flow equation for the laminar-flow case is

wh 3 (pI - P 2 ) Pavg
ML = IZRT-01

and for the molecular flow case

M .g (P l _ P 2) •
MM 3 7 6
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From kinetic theory of gases, an approximate relationship between viscosity and
mean free path is found:

3=p C X

where

C mean velocity of the gas molecules

)8R
- -RT

iT

p density = RRT"

The equation for mass flow rate in the molecular case can therefore be written

=4I _zx 1J8 wh (P]" Pz)Pavg>
M M 3 !Tr 3 7r 7RT

16 whZ (p1 - P2) Pavi z

97r 7)RT

The ratio of molecular to laminar flow can then be written

MM 16 x 1Z X X
- -6.8-.

ML 97r h h

Transition Flows

For the transition region of flow between laminar and molecular flow, a relation-
ship of the form

M = ML + E MM

is used, where E is a constant found experimentally to be approximately 0. 9 for single
gases and 0. 66 for mixtures of gases. ( 52 )

Using the ratio of molecular to laminar flow and E = 0. 9, the total flow is

M =ML (I + 0.9 x 6.8 ) = ML (I + 6.1 2).

The mean free path should be evaluated at the average pressure in the passage.
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